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ASLE TRANSACTIONS 6, 89-101 (1963) 


Influence of Glycol Molecular Configuration on Friction 


By FRED G. ROUNDS (ASLE)! 


Boundary or mixed friction studies on a wide range of synthetic lubricants and mineral oils 
demonstrated that ethylene glycol gave higher static friction and much lower kinetic friction 
than did other lubricants tested. To investigate this unusual property of ethylene glycol, poly- 
hydroxy alcohols of various molecular configurations were evaluated. The results indicate that 
kinetic friction increases and static friction decreases as either the number of atoms between 
primary hydroxyl groups increases or primary hydroxyl groups are replaced with secondary 
hydroxyl groups. Surface coatings containing oxidation products of the glycols are believed to 
be responsible for the observed friction characteristics. 


Introduction 


THE friction properties of lubricated rubbing surfaces 
depend on the surface materials, the operating condi- 
tions, and the lubricant composition. Of these, the lubri- 
cant composition is frequently the only factor that can 
be easily changed to obtain the specific friction character- 
istics required by some mechanical devices such as lubri- 
cated friction drives and plate clutches. Under the 
boundary or mixed lubrication conditions existing in 
these devices, friction is believed to be affected by both 
adsorbed lubricant components (1-3) and adherent 
reaction products on the rubbing surfaces (4-7). The 
physical nature of these surface coatings and how they 
affect friction, however, is not well understood. 


The evaluation of synthetic base fluids having 
markedly different chemical compositions (8) revealed, 
as illustrated in Fig. 1, that the friction values for these 
fluids fall either within or close to the straight mineral 
oil range indicated by the shaded area. The one excep- 
tion is ethylene glycol which gives higher static friction 
and much lower kinetic friction than the other lubricants 
evaluated. These unusual results prompted a study of the 
frictional properties of ethylene glycol in the hope that 
it would lead to a better understanding of friction 
phenomena in the boundary or mixed lubrication region. 


Test equipment and procedure 


The thrust ball bearing test machine used in this 
investigation, the general test procedure, and the method 
of calculating the coefficient of friction have been 
described previously (8). This machine, which is shown 
schematically in Fig. 2, measures the torque transmitted 
through two thrust ball bearings submerged in the test 
lubricant as a function of speed (0 to 5000 rpm), load 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Pittsburgh, Penn- 
sylvania, October 16-18, 1962. 

1 Senior Research Engineer, Research Laboratories, General 
Motors Corporation, Warren, Michigan. 
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BALL VELOCITY - FEET/MINUTE 
Fic. 1. Effect of various fluid types on friction 
(300,000 to 500,000 psi Hertz), and oil temperature (100 
to 300 F). New bearings are used for each test and are 
run until steady friction values are obtained in the test 
lubricant at the most severe test conditions before any 
friction measurements are recorded. Although the fric- 
tion values obtained with this machine are lower than 
those reported in the literature for pure sliding, the im- 
portant consideration is that these bench test values 
duplicate those observed in actual mechanical devices. 
Repeatability tests on the same lubricant using bearings 
from several lots have shown that to be significant, dif- 
ferences in the coefficient of friction greater than 10% at 
the 0.05 level or 25% at the 0.01 level are necessary. 
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Test unit of the research friction drive lubricant test 


Lubricants. The glycols, alcohols, and acids used in 
this investigation were obtained from commercial sources 
and were generally of the purest grade available. No 
additional purification of the fluids prior to test was 
performed, since we were interested in the friction 
characteristics of commercially available materials. 


Test results 


As illustrated in Fig. 1, ethylene glycol had radically 
different friction characteristics than those for a variety 
of fluids investigated previously differing widely in both 
viscosity and chemical composition (8). To determine 
which chemical or physical characteristics of ethylene 
glycol were responsible for this unusual effect, a series 
of alcohols differing in the number of hydroxyl groups per 
molecule, location of the hydroxyl groups and chain 
length were investigated. 

The results of a study to determine the importance of 
the number of hydroxyl groups per molecule are given in 
Table 1. The high static friction and low kinetic friction 


TABLE 1 
Friction Characteristics of Alcohols 
Load: 400,000 psi Hertz; Oil Temperature: 200 F 














No. of =~ — 
: 5 Coeff. of friction at indicated 
hydroxyl : 
velocity (fpm) 
groups per 
Lubricant molecule 0 100 300 500 
Various straight 
mineral oils 
Maximum none 0.083 0.064 0.057 0.053 
Minimum none 0.059 0.043 0.037 0.035 
Cyclohexanol one 0.077 0.058 0.055 0.052 
Oley] Alcohol one 0.059 0.037 0.032 0.028 
Ethylene Glycol two 0.135 0.014 0.005 0.004 
Glycerol three 0.145 0.014 0.010 0.010 





characteristics of ethylene glycol were also observed with 
glycerol but not with either of the monohydroxy alcohols 
or the mineral oils. This would suggest that two or more 
hydroxyl groups per molecule are necessary to obtain the 
friction properties of ethylene glycol. The high static and 
low kinetic friction obtained with glycerol has been noted 
previously by Burwell and Strang (9), Neeley (10), and 
Wolf and Mougey (1/1). 

The effect of chain length for a series of polyglycols 
is shown by the data in Fig. 3. Static friction decreases 
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Fic. 3. Effect on friction of chain length of glycols containing 


ether linkages. 


and kinetic friction increases progressively as the chain 
length increases. The fact that both static and kinetic 
friction are affected by the same lubricant changes in- 
dicates that the factors responsible for high static fric- 
tion may also be responsible for low kinetic friction. 
Thus Fig. 3 indicates that the number of atoms be- 
tween the hydroxyl groups in the glycol molecule is 
important. 

Figure 4 illustrates the effect of changing the loca- 
tion of the hydroxyl groups in the molecule. Although 
1,4-butanediol gave friction values similar to those for 
ethylene glycol, changing one hydroxyl group from a 
primary to a secondary carbon atom (1,3-butanediol) 
greatly increased kinetic friction and reduced static fric- 
tion. If both hydroxyl groups are moved to secondary 
carbon atoms (2,3-butanediol), still higher kinetic fric- 
tion and lower static friction values approximating those 
for mineral oils are observed. Thus the location of the 
hydroxyl groups in the molecule is another factor affect- 
ing the friction of glycols. 
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BALL VELOCITY - FT./MIN. 
Fic. 4. Effect on friction of hydroxyl group location in mole- 
cule. 


A summary of the effects of chain length and molecular 
configuration for all the polyhydroxy alcohols tested is 
shown in Fig. 5. Separate curves are shown for the 
various classes of alcohols having the type formulas 
indicated. In making this plot, is was assumed that 
ether groups are equivalent to carbon atoms in deter- 
mining the number of carbon atoms in the main chain. 
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CARBON ATOMS (OR EQUIVALENT) IN BACKBONE 
Fic. 5. Effects on friction of glycol chain length and molecular 
configuration. 


Each datum point was read from a friction-speed curve 
similar to those shown in Figs. 3 and 4. Several interest- 
ing observations can be made from the data. 

a. The kinetic friction values for the five carbon atom 
glycols with and without ether linkages (starred point for 
diethylene glycol and solid point for 1,5-pentanediol re- 
spectively) were essentially identical, the values being 
0.017 and 0.018. This would indicate that ether linkages 
in polyglycols are equivalent to carbon atoms in describ- 
ing the friction characteristics of the fluid. Such a result 
is not surprising considering the relative inertness of the 
ether linkage and the similarity in size for carbon and 
oxygen atoms. 

b. The even numbered glycols with only primary 
hydroxyl groups in the molecule gave the lowest kinetic 
friction values whereas the odd numbered glycols gave 
somewhat higher kinetic friction than would be predicted 
by the even numbered glycols. These findings suggest 
that there is a difference in the reactivity or physical 
properties between the odd and even numbered glycols 
of low molecular weight. 

c. A secondary hydroxyl group in a glycol molecule 
increases kinetic friction compared to the corresponding 
molecule with only primary hydroxyl groups. For ex- 
ample, in both cases where one primary hydroxyl group 
is replaced by a secondary hydroxyl group, the kinetic 
friction increased by a factor of about two. The presence 
of two secondary hydroxyl groups is even less desirable 
for low kinetic friction. The value for the six carbon 
alcohol containing three hydroxyl groups (1,2,6-hexane- 
triol) suggests that a secondary hydroxyl group can 
raise friction even though there are two primary hy- 
droxyl groups in the molecule. Glycerol which also has 
one secondary and two primary hydroxyl groups, on the 
other hand, gave lower kinetic friction than either of 
the propanediols but higher friction than would have 
been predicted from the even numbered glycols. 


EFFECT OF VISCOSITY 


Considering the high static and low kinetic friction 
observed with many of the polyhydroxy alcohols, it 
might be assumed that boundary lubrication conditions 
exist only at very low speeds and that hydrodynamic 
lubrication conditions are present at all speeds greater 
than about 50 ft/min. If such were the case, the viscosity 
of the test fluid should be a major factor controlling the 
observed kinetic friction. In Table 2, the viscosities and 
viscosity indices of the polyhydroxy alcohols and other 
representative fluids are compared to the observed fric- 
tion values. For the glycols containing two primary 
hydroxyl groups, both the fluid viscosity and the kinetic 
friction increase with chain length as would be expected 
under hydrodynamic conditions. Shifting the hydroxyl 
groups from primary to secondary carbon atoms, on the 
other hand, also increased the kinetic friction but reduced 
the viscosity which is in direct contradiction with hydro- 
dynamic theory. As is also shown in Table 2, varying 

















TABLE 2 
Relationship between Fluid Viscosity and Friction 
Coefficient of 
Visc. friction at@ 
Fluid at210F,cs_ Vz.I. Ofpm 500fpm 
Polyhydroxy alcohols 
Ethylene glycol 2.01 — 57 0.135 0.004 
1,3-propanediol 3.28 — 6 0.076 0.017 
1,2-propanediol 2.60 —300 0.093 0.026 
Glycerol 11.56 — 15 0.145 0.010 
1,4-butanediol 5.18 57 0.101 0.006 
1,3-butanediol 4.16 —225 0.088 0.022 
2,3-butanediol 3.07 —803 0.084 0.031 
1,5-pentanediol 6.30 64 0.104 0.018 
Diethylene glycol 2.76 — 9 0.126 0.017 
Dipropylene glycol 3.18 —393 0.078 0.033 
Triethylene glycol 3.35 23 0.079 0.029 
Mineral Oils and Synthetic Fluids 

Naphthenic mineral oils 2.51 39 0.077 0.054 
3.17 = 0.065 0.053 
4.93 — 27 0.071 0.051 
11.5 —246 0.058 0.043 
16.6 —490 0.070 0.052 
Paraffinic mineral oil 7.45 95 0.059 0.047 
Cyclohexanol 2.39 —639 0.077 0.052 

Trifluorochloroethylene 
polymer 3 —222 0.097 0.062 
Diamyl naphthalene 3.67 —140 0.068 0.050 





@ Determined at 400,000 psi Hertz nominal load and 200 F oil 
temperature. 


the viscosity of naphthenic mineral oils from 2.5 to 16.6 
cs at 210 F had virtually no effect on friction. In addi- 
tion, the friction values listed for the mineral oils and 
synthetic fluids having viscosities comparable to those 
for the polyhydroxy alcohols are much lower at zero 
velocity and much higher at 500 ft/min. Consequently, 
the viscosity of polyhydroxy alcohols does not appear to 
contribute significantly to the observed friction charac- 
teristics. 

Pressure-viscosity considerations suggest that the fluid 
may be highly viscous or perhaps even solid in the ball- 
race contact areas under high loads. If such is the case, 
the pressure-viscosity properties of the fluids could be 
important. Although pressure-viscosity data are not 
available for these specific fluids, the sensitivity to pres- 
sure generally varies inversely with the viscosity index 
(sensitivity to temperature). The fact that the mineral 
oils and synthetic fluids listed in Table 2 have comparable 
viscosity indices to those for the polyhydroxy alcohols 
and thus presumably similar pressure-viscosity properties 
but different friction characteristics makes it seem doubt- 
ful that the pressure-viscosity properties of the poly- 
hydroxy alcohols are contributing to the low kinetic 
friction. 


Because of the lack of correlation between viscosity 
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or viscosity-pressure properties of the lubricant and 
kinetic friction, it is believed that mixed or boundary 
lubrication conditions are normally present over the en- 
tire speed range under the test conditions used. This 
conclusion is supported by earlier work (8) which showed 
among other things that the kinetic friction of a straight 
mineral oil can be reduced 40% by a 1% addition of an 
additive such as a chlorinated phosphonate which has no 
measurable effect on viscosity. 


NATURE OF SURFACE COATING 


With boundary or mixed lubrication conditions, fric- 
tion is believed to be controlled by the lubricant through 
the formation of surface coatings on the rubbing sur- 
faces. The used bearings in these tests generally had a 
tacky feel which indicated that a surface coating was 
present. This was confirmed by autoradiographs made of 
the races and by counting the balls after running in C,4- 
tagged ethylene glycol. Since the static friction observed 
with ethylene glycol is higher than that observed with 
all but one base oil and three additive treatments out of 
some seventy evaluated and since the kinetic friction is 
lower by far than that observed with any other type 
fluid, it seems reasonable to assume that the surface 
coatings formed with polyhydroxy alcohols have unusual 
properties. Therefore, a series of tests was conducted 
primarily with ethylene glycol to help elucidate the 
nature of the surface coating and how it might be formed. 


CONCENTRATION, TIME, AND TEMPERATURE EFFECTS 


If the surface coating were formed by physical adsorp- 
tion of ethylene glycol on the rubbing surfaces, it would 
be expected that when blended with a fluid having 
“average” friction characteristics (a) the concentration 
of ethylene glycol required to achieve low kinetic fric- 
tion would be small and (b) the time required to reach a 
stable friction value would be relatively short. As a 
check on the first hypothesis, a series of ethylene glycol- 
triethylene glycol blends was evaluated with the results 
illustrated in Fig. 6. Triethylene glycol was selected as 
the test fluid because of the limited solubility of ethylene 
glycol in mineral oils. The observed friction reduction 
was proportional to the ethylene glycol concentration. 
These results are in sharp contrast to those obtained 
with highly polar materials such as oleic acid or fatty 
amines which produce almost all their effect in the first 
1% addition (12). 

The effect of running time on friction with ethylene 
glycol is illustrated in Fig. 7 for tests run at bulk tem- 
peratures of 100 and 200F. At both temperatures, fric- 
tion during these break-in tests dropped rapidly initially 
and then tended to stabilize. However, friction not only 
stabilized much more rapidly at a nominal sump tem- 
perature of 200 F than at 100 F (50 min vs. 95 min) 
but also the final value was lower for the higher tem- 
perature. The fact that raising the fluid temperature 
not only decreased the final kinetic friction value which 
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PERCENT ETHYLENE GLYCOL IN TRIETHYLENE GLYCOL 
Fic. 6. Friction characteristics of ethylene glycol-triethylene 
glycol mixtures. 


suggests a change in the surface coating composition but 
also increased the rate at which this occurred points to 
chemical reaction rather than physical adsorption being 
involved. 

If an adherent reaction product were being formed 
on the surface, it would be expected that such a coating 
would not be removed by washing in solvents. Therefore, 
it was of interest to study the effect of changing lubri- 
cants. In the first case, bearing set B was removed from 
the machine, cleaned by washing in a mixture of acetone, 
benzene, and chloroform, and then returned to the ma- 
chine with new ethylene glycol for a lubricant. As can 
be seen in Fig. 7, the low friction characteristic of 
ethylene glycol was achieved immediately. This would 
seem to indicate that the presence of a residual surface 
coating was responsible for low kinetic friction. How- 
ever, when the lubricant was changed to a straight 
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mineral oil, quite different results were obtained. After 
cleaning, the friction was initially in the 0.040 to 0.050 
range compared to 0.007 to 0.011 when operating the 
same bearings on ethylene glycol, and then stabilized 
after a few minutes running at a slightly lower figure. If 
surface coatings resulting from break-in were solely re- 
sponsible for the low friction, the change in lubricant 
to a straight mineral oil should have had no effect. The 
fact that a large effect was observed indicates that the 
lubricant composition is important even after break-in. 

By comparing the friction values for the bearings 
previously run on ethylene glycol with the range of values 
normally obtained with the straight mineral oil, it is 
evident that the ethylene glycol break-in results in ap- 
preciably lower kinetic friction, especially at the higher 
break-in temperature. No test was run for more than 3 
hours on the mineral oil after the ethylene glycol break-in, 
and as a result it is not known how long the benefits of 
the special break-in are retained. 


Usep O1L AND BEARING ANALYSIS 


Additional evidence pointing to chemical reactions in 
explaining the friction characteristics of ethylene glycol 
was obtained from used oil analyses and examination of 
the used bearings. As indicated in Table 3, a yellow to 
yellow-green precipitate was formed in the used ethylene 
glycol. X-ray diffraction and emission spectroscopic anal- 
yses of this precipitate indicated that it was an organic 
crystalline compound containing about 10% combined 
iron but no free iron. Infrared analyses shown in Fig. 8 
illustrate that the precipitate differs appreciably from 
the original ethylene glycol. The precipitate trace did 
not correspond to any of those found in the literature 
including ferrous oxalate. In addition, the liquid phase 
after centrifuging showed a strong positive test for 
aldehydes and a noticeable increase in the acid number. 
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The increase in the 5.8 micron peak (see Fig. 8) also 
points to acid or aldehyde formation. These observa- 
tions suggest that oxidation of ethylene glycol may be 
one of the first steps leading to the low kinetic friction 
characteristic of ethylene glycol. The required oxygen 
could come either from air dissolved in the glycol or 
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from oxidation-reduction reactions involving the iron 
oxides normally present on steel surfaces. 

Examination of the used bearings yielded two interest- 
ing observations. First, a tacky material was detected 
on the surface of the bearings while cleaning them in 
the mixture of acetone, benzene, and chloroform. In 
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Fic. 8. Infrared analyses of used ethylene glycol 
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TABLE 3 
Analysis of Used Ethylene Glycol 
Method of examination Result 
Visual Clear liquid plus 2-5% of a yellow to 


yellow-green, gelatinous precipitate 
Liquid phase (after centrifuging) 
Karl Fisher method 2.4% water 
Titration with KOH TAN = 0.97 
Schiff’s reagent Strong positive result indicating presence 
of aldehydes 
Solid phase (after centrifuging) 
Emission spectrograph About 10% iron but no other metals in 
significant amounts 
X-ray diffraction Definite pattern for organic crystalline 
compound of unknown composition 





these solvents, the tacky coating could be removed only 
with difficulty. The tacky nature of the residual coating 
suggests that a high molecular weight material was 
either formed or deposited on the surface. 

Secondly, it was noted that all of the bearings run in 
ethylene glycol had acquired a mirror-like finish in the 
loaded areas and that the grind marks were removed. 
However, the measured wear was not sufficient to sig- 
nificantly change the load being applied by the Belleville 
springs. The surfaces of some typical races were ex- 
amined by an electron microscope replica technique with 
the interesting results shown in Fig. 9. The horizontal 
lines shown in the picture of the new bearing surface 
are the grind marks. Operation on mineral oil B (9.1 cs 
at 210F) caused only a slight clean-up of the grind 
marks whereas operation on mineral oil A (2.45 cs at 
210 F) resulted in removal of most of the grind marks. 
Consequently, it was not surprising that ethylene glycol 
(Test I) which is even lower in viscosity (2.01 cs at 
210 F) caused complete removal of the grind marks. The 
smooth appearing surface in the electron micrograph 
probably accounts for the shiny appearance. However, 
similar appearing surfaces were obtained with cetane 
(1.3cs at 210 F) which gave friction values falling at 
the bottom of the mineral oil range illustrated in Fig. 1. 
This suggests that the smooth appearing surface is only 
a minor factor contributing to the low kinetic friction 
with ethylene glycol. 

When ethylene glycol is run for longer periods of time, 
catastrophic failures such as split balls and cracked races 
are generally encountered. As can be seen in the electron 
micrograph of the race from Test II on ethylene glycol, 
cracks are beginning to form that could easily lead to 
catastrophic failure. How and where these cracks initiate 
is beyond the scope of this paper. It should be pointed 
out that this type of failure has been observed only with 
polyhydroxy alcohols and their oxidation products and 
not with any other fluids studied. 


EFFECTS OF POLYFUNCTIONAL ACIDS IN GLYCOLS 


Since fluid oxidation occurs during break-in and since 
break-in seems essential for low kinetic friction, it was 


thought possible that the oxidation products of the gly- 
cols rather than the glycol itself were determining the 
friction characteristics. To check this possibility, oxalic 
and glycolic acids (oxidation products of ethylene gly- 
col) were added to several representative fluids with the 
results given in Table 4. Adding oxalic acid to a straight 


TABLE 4 
Effect of Oxidation Product Additions on Friction 
Load: 400,000 psi Hertz; Oil Temperature: 200 F 





Coefficient of friction 











Additive at indicated 
Same. velocity (fpm) 
Lubricant Name (wt. %) 0 100 300 500 
Ethylene 
glycol None 0.135 0.014 0.005 0.004 
Mineral oil None 0.083 0.064 0.057 0.053 
Oxalic 
acid 0.1% 0.079 0.066 0.060 0.053 
Cyclohexanol None 0.077 0.058 0.055 0.052 
Oxalic 
acid 0.5 0.078 0.043 0.037 0.033 
Triethylene 
glycol None 0.079 0.049 0.034 0.028 
Oxalic 
acid 0.5 0.121 0.022 0.013 0.008 
Glycolic 


acid 0.5 0.101 0.027 0.012 0.009 


@ Saturated solution. 





mineral oil caused no reduction in friction. However, the 
limited solubility of oxalic acid in mineral oil makes this 
result inconclusive. When a similar experiment was per- 
formed on cyclohexanol, the oxalic acid addition reduced 
kinetic friction but not static friction. However, the 
kinetic friction values were still much higher than those 
for ethylene glycol. Adding either oxalic or glycolic acids 
to triethylene glycol, on the other hand, gave both static 
and kinetic friction values closely approximating those 
for ethylene glycol. The glycolic acid, however, did not 
give stable friction values at 300 F whereas the oxalic 
acid-triethylene glycol blend and ethylene glycol alone 
did. Thus these tests demonstrated that a combination of 
a glycol and a dibasic acid can duplicate the stable low 
kinetic and high static friction values characteristic of 
ethylene glycol. 

This raised a question concerning the amount of di- 
basic acid that must be present to give the observed fric- 
tion result. Experiments shown in Fig. 10 demonstrated 
that 0.5% oxalic acid was required for minimum friction 
and that increasing the acid concentration above the 
optimum 0.5 to 1.5% range resulted in greatly increased 
kinetic friction. Examination of the bearings used at the 
higher acid concentrations and especially at 5% revealed 
that the bearings had an etched appearance and were 
covered with a much more noticeable amount of a tacky 
material than had been observed after the ethylene 
glycol tests. Further, the tacky material from the glycol- 
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ETHYLENE GLYCOL (TEST 1) 





Fic. 9. Effects on surface appearance of break-in with various lubricants 
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PERCENT OXALIC ACID IN TRIETHYLENE GLYCOL 
Fic. 10. Effect of oxalic acid concentration on friction 


acid mixture experiments appeared to be similar to that 
observed after the ethylene glycol tests lending additional 
support to the hypothesis that a dibasic acid-glycol reac- 
tion occurred in the experiments with ethylene glycol. 
When glycols containing secondary hydroxyl groups 
are oxidized, ketonic acids and diketones rather than 
dibasic acids are formed as is indicated in Table 5. As a 
further check on the importance of oxidation in these 
experiments, dibasic acids and ketonic acids correspond- 
ing to the various glycols were evaluated at the 0.5% 
(wt.) level by adding them to triethylene glycol. As 
shown in Fig. 11, the two to five carbon atom dibasic 
acids gave friction results agreeing quite well with those 
for the even numbered glycols. The ketonic acids, on 
the other hand, did not give as low friction as did the 
dibasic acids which checks the results obtained with 
the glycols containing secondary hydroxyl groups. The 


six- and ten-carbon dibasic acids behaved somewhat dif- 
ferently from the other acids studied. In the case of 
these two acids, catastrophic failure of the bearings oc- 
curred before a stable friction value was achieved. 
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CARBON ATOMS IN BACKBONE OF ACID 
Fic. 11. Effect of dibasic or ketonic acid chain length on fric- 
tion. 0.5% (wt) acid in triethylene glycol. 


Discussion 


Based on the observations that (a) the polyhydroxy 
alcohols require a relatively long break-in to achieve full 
effectiveness, (b) the friction characteristics of glycols 
can be duplicated by the addition of the corresponding 
acid to triethylene glycol, and (c) the oxidation products 
of glycols by themselves are ineffective, it can be postu- 
lated that both the original glycol and its oxidation 
products are essential for the formation of the surface 
coating. The oxidation of polyhydroxy alcohols yielding 
the corresponding dibasic acids, ketonic acids, and other 
oxidation products is probably the first step. Once the 
acid is formed, it can react with the surface metal, the 
remaining glycol or both. As demonstrated by Carothers 
(14), glycols and dibasic acids react readily to form 
linear polymers. Further, such polymers have well de- 
fined X-ray diffraction patterns which could account 


TABLE 5 
Oxidation Products Formed from Different Glycols (13) 





Type of hydroxyl groups 


present Type formula® 


Examples Oxidation product 





Primary only HOCH, (CH,) ,, CH,OH 


Primary and secondary HOCH, (CH,) , CHOHCH, 


Secondary only H,CCHOH(CH.,), CHOHCH, 


Ethylene glycol oO O 
1,3-Propanediol 
1,4-Butanediol 

1,5-Pentanediol 


\ WA 
HOC(CH,),,COH 
Dibasic acid 


oO oO 
1,2-Propanediol \ WA 
1,3-Butanediol HOC(CH,),, CCH, 

Ketonic acid 
O oO 


2,3-Butanediol \ 
Dipropylene glycol H,CC(CH,),,CCH, 


Diketone 








@ m = zero or positive integer. 
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for the well defined X-ray diffraction pattern referred 
to in Table 3. Glycols containing secondary hydroxyl 
groups would be less likely to form such a polymer 
because the ketonic acid would have to be in the enol 
form to polymerize. If two secondary hydroxyl groups 
are present, no polymerization would be expected. The 
fact that glycolic acid, an intermediate oxidation product 
of ethylene glycol, was partially effective indicates that 
similar intermediate oxidation products of the other 
glycols might also have some effect. Thus an oxidation- 
polymerization mechanism could explain the relative ef- 
fectiveness of the various polyhydroxy alcohols. 

Not all polymeric additives affect friction. For ex- 
ample, the addition of either polyisobutylene or poly- 
methacrylate type VI improvers to a mineral oil has 
been found to have no effect on friction even at con- 
centrations up to 10% additive. Making the polymer 
surface active as is done for the ashless detergent-VI 
improver additives again had little effect on friction (8). 
Consequently, it seems necessary that the proposed 
glycol-oxidation product polymer react with the surface, 
possibly by acid attack. Continued acid attack could 
explain the surface cracks shown in Fig. 9 as well as the 
catastrophic fatigue type failures. 

Two possible types of surface coatings can be imagined 
that could form a coating thick enough to achieve the 
observed low kinetic friction. A coating consisting of a 
polymer having an average molecular weight of about 
5000 might be sufficient provided that the polymer is 
attached to the surface, oriented perpendicular to the 
surface and close packed. That oriented monolayers of 
polar materials can be formed on surfaces is well known 
(1, 2). However, close packing of long chain polymers 
on the surface should be quite difficult due to the 
flexibility of the long carbon chain. Once such a coating 
was formed, physical blocking may prevent additional 
acid molecules from getting to the surface to continue 
the reactions leading to catastrophic failure. Since this 
coating should be reasonably adherent, a change to a 
mineral oil would not be expected to change friction 
appreciably in contrast to the observed result. Con- 
sequently, a polymer coating alone does not seem to 
have the required properties. 

A second type of coating might be a two phase 
system in which the polymer attached to the surface 
serves to increase the thickness of the naturally occurring 
viscous surface layer. This is somewhat related to the 
mixed component monolayer coating described by Levine 
and Zisman (2). Such a coating has an advantage over 
the straight polymer coating in that the polymer would 
not have to be close packed on the surface and could be 
much lower in molecular weight. At very low speeds, 
entanglement of the polymer molecules may contribute 
to high static friction whereas at higher velocities poly- 
mer orientation may contribute to low kinetic friction. 
Burwell and Strang (9) have also suggested that low 
kinetic friction at higher speeds may be an orientation 


phenomenon. A coating of this type could account for 
the glycol configuration effects. Also such a coating 
would permit continued reaction at the metal surface 
leading to catastrophic failure. Further, it would explain 
the effects of changing lubricants shown in Fig. 7. Of 
the two proposed surface coatings, the latter seems the 
more likely. However, a surface coating totally different 
from either of those discussed may be accounting for the 
observed results. 


Summary 


The friction characteristics of polyhydroxy alcohols 
as measured on a thrust ball bearing test rig have shown 
that the high static friction and low kinetic friction 
characteristic of ethylene glycol are observed with other 
glycols but not with monohydroxy alcohols. The effective- 
ness of the glycols for reducing kinetic friction decreases 
as (a) the number of atoms between primary hydroxyl 
groups increases or (b) secondary hydroxyl groups are 
substituted for primary hydroxyl groups. A surface coat- 
ing detected by the use of C,4-tagged ethylene glycol is 
believed responsible for the reduced kinetic friction. Al- 
though the exact nature of this coating is not known, 
the data indicate that oxidation of the glycol to the 
corresponding acid followed by reaction with the steel 
surface and polymerization with the remaining glycol are 
involved. Tests in which the dibasic and ketonic acids 
corresponding to the various glycols were added to one 
of the higher friction glycols appear to have confirmed 
this hypothesis. The propensity of glycols to cause 
catastrophic failures makes them unsuitable lubricants 
except for short life items, but the carry-over effect may 
have commercial applications. 
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DISCUSSION 


D. E. Petersen (Union Carbide Chemicals Company, Tarrytown, 
New York): 


Dr. Rounds is to be complimented for an excellent and thought- 
provoking paper. The data that he has presented will add ma- 
terially to our understanding of the transition region between 
boundary and hydrodynamic lubrication. 

As suggested by Dr. Rounds, there is no doubt that the specific 
oxidation products obtained from the decomposition of the fluid 
at the metal interface are by far the most important factors in 
determining the frictional characteristics of those systems that 
he has examined. This would indicate that either (1) the oxida- 
tion products of ethylene glycol and diethylene glycol are very 
different, or (2) that the rate of oxidation of ethylene glycol is 
greater than that of diethylene glycol. Since the oxidation pro- 
ducts are similar under some conditions, the rate of formation 
of the specific product that acts as an extreme pressure agent 
must be much greater with ethylene glycol under these test con- 
ditions. 


The presence of varying amounts of water in these relatively 
non-lubricating fluids may be an explanation for the varying 
concentration of extreme pressure agent. Recent developments, 
particularly in the field of space lubrication, have shown the 
importance of water and oxygen to the performance of a lubri- 
cant. It is interesting to note that if the fluids discussed in Dr. 
Rounds’ paper are listed in the order of their increasing hy- 
groscopicity, they are then listed in the approximate order of their 
decreasing coefficient of kinetic friction. The possibility of water 
acting as a catalyst or reactant under those conditions encountered 
at the metal interface should be considered. 


It should be noted that most of the fluids investigated by Dr. 
Rounds contain some water as commercially supplied. Also, that 
the coefficient of friction was not measured until the thrust ball 
bearing rig has run for 1/2 to 2 hours, thus allowing equilibration 
of the water content of the fluid with the atmosphere. Therefore, 
the quantity of water in any given fluid should be constant under 
the test conditions and the quantity present in different fluids 
should be a function of the vapor pressure of water in each fluid 
(hygroscopicity ). 

Another correlation that could be considered is the relationship 
of weight concentration of hydroxyl groups to kinetic friction. 
Those compounds that contained a high weight per cent of hy- 
droxyl groups exhibited the lowest kinetic friction. It is true 
that they also exhibit the greatest hygroscopicity. For this reason, 


it might be difficult to correlate hydroxyl group concentration to 
frictional characteristics without considering equilibrium water 
concentration. 

The frictional characteristics of the butanediol series cannot 
be explained on the basis of hydroxyl group concentration since 
there is no difference between the members of the series. It would 
be interesting to compare the frictional characteristics of these 
compounds to the hydroscopicity or to the final water content of 
the fluid. 


F. W. SmitH (Division of Mechanical Engineering, National Re- 
search Council of Canada, Ottawa): 


This paper gives a detailed analysis of a chemical effect in 
rolling contact lubrication and is especially significant in view of 
the emphasis currently received by the elastohydrodynamic inter- 
pretation of rolling contact lubrication. 

The author concludes that the low friction observed with 
ethylene glycol is due to the formation of a layer of polym- 
erized material on the metal surfaces and stresses the importance 
of oxidation in the process. It might be asked whether this could 
be confirmed with measurements made in an inert atmosphere, 
and also what is the significance of the very high pressure in the 
contact zone as an influence on polymerization. 

Some further questions concern the exact mechanism of fric- 
tion in the presence of these surface layers in the case of experi- 
ments on ethylene glycol. In this system, the interface region 
consisting of the metal surfaces, ethylene glycol, and polymerized 
material is being sheared at very high pressure. The questions 
which arise are (1) in what part of the interface region does the 
shearing occur, and (2) to what extent is the shearing process 
concentrated at a plane, as in boundary lubrication, and to what 
extent is the shearing distributed over a fluid layer. The author’s 
assumption appears to be that a boundary process is involved, 
in which surface layers of polymer slide over each other, pos- 
sibly in the presence of an incomplete film of ethylene glycol. 
Present knowledge of the nature of boundary friction seems too 
limited to permit questioning this assumption, beyond noting 
that the observed values of friction coefficient (about 0.010) are 
remarkably low for a boundary process. 

Two further possibilities assume that the friction is a hydro- 
dynamic process occurring within the film of polymer, which 
need only be a few micro inches in thickness. First, the high- 
stress viscosity of ethylene glycol may not permit it to form a 
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complete film under the stresses involved. In this case the decrease 
of friction during running-in is to be explained by the replace- 
ment of a high-friction boundary film of ethylene glycol by a 
low-friction viscous film of polymer, which is hydrodynamic in 
the sense that it is expelled from the clearance at low speeds, to 
give high static friction. 

The second mechanism is based on the presumption that the 
high-stress viscosity of ethylene glycol does permit a complete 
hydrodynamic film of ethylene glycol to be formed. The decrease 
in friction on running-in would then have to be explained by a 
transfer of the shearing process from the film of ethylene glycol 
into the newly developing films of polymer. This process would 
require the resistance to shear of the polymer to be less than 
that of the ethylene glycol under the conditions of stress and on 
the time-scale of the frictional process. This possibility may de- 
serve consideration because of the contrast between the cohesion 
of ethylene glycol, which depends largely upon hydrogen bond- 
ing, and the cohesion of the polymer, which is likely to depend 
in part on the interaction of long chains. 

The author has mentioned the need for information on the 
high-stress viscosity of ethylene glycol; this, together with similar 
information on the polymer, should serve to elucidate these pos- 
sible mechanisms. 


A final question concerns the surface damage and early failure 
of ball bearings run in ethylene glycol. Is there any connection 
between this effect and another detrimental effect in rolling con- 
tact caused by the presence of a hydroxylic material, i.e., the 
water-induced pitting in rolling contact described by Grunberg 
and Scott (B1, B2)? 
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B. W. Hotrten (California Research Corporation, Richmond, Cali- 
fornia): 


We have some information on the lubricating properties of 
glycols and related hydroxy compounds to supplement this in- 
teresting paper. We compared the series of propanes substituted 
with one, two, and three hydroxy groups as 10% solutions in 
water under boundary and extreme-pressure loadings on steel 
specimens in the Falex machine. Despite the differences in test 
conditions, our results are similar to some of those obtained by 
Rounds. 


The Falex wear curve in Fig. C1 shows that both m- and iso- 
propanol reduced wear sharply from that allowed by water alone, 
that propylene glycol reduced it to a minimum for the series, 
and that glycerol allowed moderately more wear than the glycol. 
The Falex EP curve, on the other hand, shows that the propanols 
and propylene glycol had little or no load-carrying capacity but 
that glycerol reached a maximum for the series of almost three 
times that of water alone. 


The Falex wear results may be compared with the static fric- 
tion coefficients of Rounds: Propylene glycol was a more effective 
lubricant than glycerol in both cases. And the Falex EP results 
may be compared with his kinetic friction coefficients where 
glycerol was more effective. The more extreme conditions of 
kinetic friction tests and of Falex EP test may dehydrate glycerol 
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Fic. C1. Effect of hydroxyl groups on EP and antiwear action 
of 10% solutions of hydroxy compounds in water. Falex EP test 
rubbing speed 19 fpm. Falex wear test (steel on steel) rubbing 
speed 19 fpm, initial Hertz loading 170,000 psi (500 pounds), 
duration 30 minutes. 


to acrolein, and its resinous polymers may form the ultimate 
load-carrying agent. If this mechanism is true, it’s just as well 
that it happens in the isolation of the bearing surfaces, because 
acrolein is too obnoxious to handle directly as a lubricant com- 
ponent. 

The oxidation-polyesterification mechanism proposed by Rounds 
for lubrication by diols is well supported by his experimental 
evidence. The ketonic oxidation products of compounds con- 
taining secondary hydroxyl groups are not necessarily dead ends— 
they can undergo chain scission and oxidize further to at least 
some dicarboxylic acid. But they probably form dicarboxylic 
acids less efficiently than such a favorable structure as ethylene 
glycol. Our comparison of diols containing primary and secondary 
hydroxyl groups as 10% aqueous solutions in Falex wear tests 
showed only moderate differences (see Table C1). 








TABLE C1 
Diols Wear, mg 

Primary-secondary diols 

propylene glycol 7.3 

hexylene glycol 3.3 
Doubly primary diols 

1,5-pentanediol 3.6 

2,2-diethylpropanediol 4.6 





The extra carbon atoms in these diols permit oxidation to wander 
down a wide variety of pathways. This may prevent such clear- 
cut differences as those obtained by Rounds between ethylene 
glycol and other diols. But it certainly does not contradict the 
basic validity of his proposed mechanism. 
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AuTHOrR’s CLOSURE: 


Dr. Petersen has made some interesting comments on the 
proposed mechanism by which glycols affect friction. First he 
suggests that the rate of oxidation may be the important factor 
accounting for the difference between ethylene glycol and diethyl- 
ene glycol rather than a difference in oxidation products. For these 
two fluids, this may be correct. However, for the glycols having 
hydroxyl groups located at different positions in the molecule, the 
difference in oxidation products is probably the more important. 
The other question raised by Dr. Petersen was the role of water 
in explaining the observed friction characteristics. His comment 
that the ranking of the glycols in terms of friction is the same as 
the ranking in terms of increasing hygroscopicity is interesting. 
For all the glycols, water would be a product of the proposed 
oxidation product-glycol polymerization reaction. It is possible that 
this water may enhance the reaction of the polymer with the 
surface by reacting to form iron oxide on the surface. The 
hydrogen released by such a reaction could contribute to the catas- 
trophic fatigue type failures that were observed. Since the water 
content of only the used ethylene glycol was measured, we do not 
have any data on the relationship between friction and the water 
content of the used glycols. This is a point that should be checked 
in future work. 


Dr. Smith also raised some questions concerning the proposed 
mechanism by which the glycols affect friction. His suggestion 
that we run the friction test in an inert atmosphere to get a more 


positive evaluation of the importance of oxidation is a good one. 
Unfortunately, our test machine cannot be readily adapted for 
controlled atmosphere testing. Although the same end might be 
accomplished by adding an oxidation inhibitor, the validity of 
the data obtained in this manner would be clouded by the possi- 
bility of an oxidation inhibitor-glycol product interaction. At the 
present time, we do not know the effect of pressure on the 
proposed polymerization. In noting the low kinetic friction ob- 
tained with ethylene glycol, Dr. Smith suggests that consideration 
should be given to the possibility that shear of the polymer occurs 
over most of the fluid interface region rather than in a limited 
region at the outer surface of the polymer coating. Although I 
prefer the latter model, the low kinetic friction values definitely 
indicate that we are approaching the hydrodynamic lubrication 
region, and thus Dr. Smith’s second suggestion may have some 
merit. Whichever is correct, it seems evident that the proposed 
polymer plays the important role in controlling friction. He also 
asks whether the early fatigue failures observed with ethylene 
glycol are associated with the water content of the fluids which 
Grunberg and Scott have shown to be detrimental. Although 
water may contribute, we do not think that this is the complete 
answer, since tests run on water base hydraulic fluids (35% water) 
have not given the characteristic early failures of the glycols. 

Mr. Hotten has reported some interesting data which supple- 
ment the results presented in the paper. 

In closing, I wish to thank all the discussors for their contribu- 
tions, suggestions, and comments. 
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Development and Evaluation of Greases for High 
Temperature—High Speed Applications 


By P. R. McCARTHY'! 


Greases capable of lubricating antifriction bearings in aircraft accessory components operating at 
temperatures up to 600F and at speeds between 20,000 and 45,000 rpm under light loads are re- 
quired by the military. Some of the phases of a development program on greases for this applica- 
tion are discussed. The phases covered include criteria and methods of evaluation for the fluid 
and thickener components for greases, test equipment, and methods of test for determining the 
performance life of greases, and the current status of the development program. 


Introduction 


THE desire to fly higher and faster with the maximum 
payload can be realized or at least approached by in- 
creasing the efficiency and capacity of power plant equip- 
ment and by eliminating, or reducing to the minimum 
the weight of accessory equipment. The latter has been 
done by miniaturizing equipment and operating such 
equipment more efficiently and at higher speeds to obtain 
the power required. Increased speed and miniaturization 
in turn result in higher operating temperatures and re- 
duced capacity to dissipate heat. 


Various applications in aircraft or space vehicles may 
require bearings ranging in bore size from about 3/16” 
to 1%”, or larger, operating at speeds between 8000 and 
80,000 rpm under radial and thrust loads of about 5 
to 300 pounds depending on the size of the bearings and 
type of application. These bearings may be used in 
gyros, motors, pumps, instruments, starters, generators, 
and inverters. 

The substitution of grease for oil as the lubricant 
for bearings of aircraft or space vehicles may help to 
increase the range and payload of such vehicles by the 
elimination of relatively heavy accessory equipment such 
as sumps, pumps, tanks, coolers, filters, and other plumb- 
ing usually associated with lubrication by oil. This 
substitution, however, places a severe strain on the 
lubricant since a single shot or initial fill of grease may 
be expected to perform for long periods at high tem- 
peratures and speeds without further attention. 

Unlike oil, grease in general must perform its function 
for some predetermined period without replenishment, 
circulation, cooling or filtering to remove wear debris. 
Greases then must be very resistant to thermal and 
oxidative degradation, prevent excessive wear, and have 
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the ability to feed into or separate oil into the contact 
areas of the bearings at a controlled rate in order to 
lubricate properly for the period required. As both tem- 
perature and speeds of operation increase, the ability to 
procure or synthesize fluids and thickeners to keep pace 
with conditions of operation will dictate the advance of 
grease lubrication. 

The initial assignment under an Air Force contract 
called for the development of a grease capable of lubri- 
cating antifriction bearings for at least 500 hours at 
400 F, under light loads and at speeds of 20,000 to 
45,000 rpm. The current assignment is identical except 
that the temperature of operation is now 600 F. 

Like any other project, the development program on 
greases has many facets and considerable time could be 
spent on discussion of any one aspect. Since this paper 
is aimed at a general picture of the program, details 
are omitted. The development program was divided as 
follows—Selection and Evaluation of Grease Components: 
Fluids and Thickeners; Evaluation of Greases: Screening 
Tests and Performance Tests. 


Selection and evaluation of grease components 


A grease is composed primarily of a fluid plus a 
thickener. At times other materials such as antioxidants, 
rust preventives, EP, and antiwear agents are used to 
enhance the properties of the greases. As operating tem- 
peratures increase, it becomes more difficult to find 
materials suitable for use as grease components. 


FLuIps 


The primary requirements for the fluid components 
for greases are that they: (1) lubricate and prevent 
excessive wear; (2) remain fluid both at the test tem- 
perature and when cooled to ambient temperature; 
(3) do not volatilize, gum, or coke excessively; (4) be 
compatible with the thickeners and not be adversely 
affected by them. 

The results of tests run under idealized conditions, i.e., 
in the absence of air, under inert gases, in high volume— 
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surface ratios, etc., can be misleading if the expected 
conditions of operation are not similar. In addition, the 
catalytic effect of metals present in equipment and the 
type of thickener and additives used in conjunction with 
the fluid may have considerable effect on its performance. 
Consequently, the properties of the fluid itself are not 
the final criteria but rather the properties of the fluid- 
thickener combination in the environment in which it 
must operate. 

The performance test procedure for greases calls for 
20 hours of operation at 600 F (current work) followed 
by a 4 hour down-period during which the tester, bearings 
and lubricant cool to ambient temperature. The design 
of the performance testers is such that there may be 
little flow of air over the test bearings. Thus the minimum 
requirements of the fluids are that they remain fluid with- 
out excessive evaporation, gumming or coking under 
cycling operations between 600 F and about 80 F under 
negligible air flow for the time required. 

Test conditions which might approach performance test 
operation were set up. The procedure consists of storing 
at 600 F, 10 gm of the fluid in 50 ml beakers cut to a 
height of 15%” and equipped with stainless steel lids 
drilled with one 9/64” hole. The fit of the caps plus 
the drilled hole permits loss of volatile material. At 24 
hour intervals the beakers and contents are removed 
from the oven, immediately examined for fluidity, cooled 
to room temperature, re-examined for fluidity, coking, 
and gumming, then weighed, and the evaporation loss 
calculated. Tests are terminated when solidification at 
600 F is observed or when excessive volatilization, gum- 
ming, or coking occurs. 

Covered in the evaluation were conventional and hy- 
drogenated petroleum oils, esters, silicates, silanes, fer- 
rocenes, silphenylenes, phosphorized, sulfurized, chlorin- 
ated and fluorinated materials, silicones, polyphenyl 
ethers, and many combinations of the various fluids. Of 
these materials several silicones and polyphenyl ethers 
showed promise. Inspection data on the best fluids ex- 
amined are shown in Table 1. 

The relatively high viscosities of these fluids and the 

TABLE 1 
Properties of Fluids 











Type of Silicone Polyphenyl] ether 
Fluid A B A B ob 
Inhibitor No Yes No No Yes No 
Inspection 
Viscosity 
SUS/100 F 1032 1060 7490 1567 1691 8565 
SUS/210F 99 101 204 69.5 70.8 118 
Viscosity index 110 110 47 —70 —80 —224 
Pour point, F +20 +20 +55 +35 +40 +70 
Thermal Stability 
Life—hours 
600 F 192 500+ 360 264 216 264 
650 F 120 168 168 96 96 72 
700 F 72 72 96 72 72 72 





low viscosity indexes and high pour points of the poly- 
phenyl ethers indicate that even at moderately low 
temperatures starting torques will be high. Bearing tests 
on greases containing Silicone C and Polyphenyl Ether 
C could not be started until they were preheated to 
about 150 F. The effect of temperature on stability is 
apparent and indicates the need for adequate control of 
temperature in performance life tests and a knowledge 
of the maximum and minimum operating temperatures 
of any piece of equipment. 

In thermal stability tests at 600 F, the superiority of 
Silicone B over Silicones A and C is evident. To deter- 
mine whether correlation existed between this static 
test and performance in bearings, tests were run on four 
of the fluids under the following dynamic conditions 
with the results shown in Table 2. 


TABLE 2 
Fluid Life 
Dynamic vs. Static Conditions 








Hours to Hours to 
failure gelation static 
bearing Bearing oven test 
Fluid test wt. loss 600 F 
Silicone A 154 0.0 192 
Silicone B 153 0.0 500+ 
Polypheny] Ether C 252 0.0 264 
Polypheny] Ether A 317 0.0 264 





Bearing Test: Size 204 angular contact bearings were 
dipped in the fluid, assembled in the test equipment 
and operated for a period of 20 hours at 600F and 
20,000 rpm. Each 24 hours thereafter, 1 cc of fluid was 
introduced into the test bearing. Operation was inter- 
mittent, 20 hours running—4 hours down. 

In three of the cases correlation between static and 
dynamic tests is good. Lack of correlation between re- 
sults of tests on Silicones A and B is obvious. Data on 
Silicone B indicate that either the catalytic effects of the 
metals present in the bearing and tester may have ne- 
gated the influence of the inhibitor present in this fluid 
or that thermal stability was not a factor. 

Figure 1 shows the condition of the bearings at the 
end of performance life tests. Also included are two 
bearings lubricated with a less stable silicone and a 
silphenylene fluid. In thermal stability tests, life was 
48 and 24 hours respectively. Life in the bearing tests 
was 10 and 25 hours. 

The results of bearing tests at 600F were nearly 
identical for greases containing Silicones A and B as 
the fluid components and the same thickener. In addition 
to the possible catalytic effects of metals on performance 
life of the fluid alone, the possibility of adsorption or 
reaction of the thickener with the inhibitor in Silicone B 
was also considered. To investigate this, Silicone B was 
mixed at room temperature with the thickener for about 
1 hour and then diluted with a light naphtha. The 
silicone-naphtha was then removed by filtration and the 
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naphtha stripped under vacuum. Following is a com- 
parison of the thermal stability of Silicones A and B 
and B, treated as described. 

Thermal Stability 


Life—Hours—600 F 
A B B, (Treated) 


192 500+ 192 











Spectrographic ash analysis of samples B, B;, and the 
thickener used in the treatment of B, showed a transfer 
of the metallic element present in the inhibitor in B to 
the thickener. The thickener evidently deactivated the 
inhibitor present in Silicone B either by reaction or 
absorption, thus reducing the life of B to that of Silicone 
A, its uninhibited counterpart. It appears that in the 
evaluation of fluids for greases, cognizance must be taken 
of the effects of the thickeners as well as metals present 
in equipment. 

Work at 600F and 20,000 rpm indicate that the 
limiting factor on grease life may be the thermal and 
oxidative stability of the fluid component when com- 
bined with certain thickeners and used in equipment 
constructed from metals of various types. At speeds 
above 20,000 rpm and consequently under higher ball 
loading conditions, the viscosity, anti-wear and adhesive 
properties of the fluid may assume increasing im- 
portance. 

It appears that one of the most fertile fields is the 
development of new fluids or improvements in current 
fluids through the use of antioxidants, metal deactiva- 
tors, anti-wear agents, etc., which will not be adversely 
affected by the thickeners. 


THICKENERS 


There are a number of approaches to the problem 
of selecting materials for trial as thickeners. Two of 
these are: the fundamental approach and the empirical 
approach. 

Some investigators feel that the selection of thickeners 
should be based on properties such as particle size, 
particle size distribution, surface area, solubility, surface 
polarity, surface state (hydrated-dehydrated), etc. The 
fundamental approach is probably better since all of 
these properties may be related to thickening ability. 
Values for these properties, however, cannot be picked 
out of a handbook or even, in most cases, found by an 


Evaluation of fluids (Relubricated 1 cc/24 hr, L-35 tester, 20,000 rpm, 600 F). 


extensive search of the technical literature. They have 
to be determined. This requires personnel trained in this 
field, as well as equipment, money and time—weeks or 
months possibly. 

A very extensive backlog of data showing correlation 
between such properties and thickening ability in fluids 
of many types would be required before parameters 
could be established and materials rejected or accepted 
on the basis of the parameters. 

The empirical approach is as follows: The required 
temperature of operation is 600 F. Therefore, thickeners 
are required which (1) have melting points of at least 
600 F, (2) are not excessively soluble at 600 F in the 
fluid cormponent, (3) are thermally and oxidatively 
stable, and (4) will not sublime or volatilize excessively 
at 600 F. 

The properties can be determined quite rapidly. Melt- 
ing points are determined by conventional methods. 
Determination of solubility is ordinarily omitted since 
this shows up in the grease preparation. Thermal and/or 
oxidative stability, evaporation and sublimation are deter- 
mined in the equipment shown in Fig. 2 and by the 
method listed in the Appendix. This examination is 
ordinarily made prior to the preparation of greases. 

In the course of the investigation, between 200 and 
300 materials of various types were examined as possible 
thickeners. These include: Inorganics (silicas and clays, 
treated and untreated, metallic oxides and hydroxides, 
silicates, colloidal metals, pigments); Organic Com- 
pounds (amides, imides, arylureas, high melting point 
acids and derivatives, dyes, substituted polyphenyls, tri- 
azines); Complexes of Various Types; Salts. 

With the exception of the silicas, modified clays, 
several organic compounds, and salts and complexes, the 
materials tested showed little thickening action even in 
concentrations up to 40%. With few exceptions, the 
organic compounds were thermally and/or oxidatively 
unstable and showed excessive volatility, sublimation, 
agglomeration or fusion. 

In general, performance life was poor for greases con- 
taining inorganic materials as thickeners. The high 
concentrations required to yield products of grease-like 
consistency, abrasive tendencies and possible catalytic 
effect on the fluids may have contributed to short life. 
Partially responsible also, were the poor shear stability 
and excessive oil separation of the greases in bearing 
tests. 
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Fic. 2. Aluminum block oven and accessory equipment 


Of the materials tested, several produced greases 
having a reasonable performance life at 600 F. These 
include several triazines, arylureas and dyes. 


Evaluation of greases 
SCREENING TESTS 


The use of screening tests which will eliminate ob- 
viously unsatisfactory greases is desirable. To be of 
value, screening tests should show definite correlation 
with results of performance tests. The extent of correla- 
tion requires the compilation of extensive data before 
any definite conclusions can be reached. 


Initially it seemed that there should be some correla- 
tion between the oil separation, evaporation, shear sta- 
bility, sublimation, consistency and age hardening charac- 
teristics of greases under static conditions and 
performance life of the same greases in bearings. These 
properties were determined at 400 F both on thin films 
and bulk amounts of greases, in an attempt to simulate 
conditions in the bearings and also in grease reservoirs 
adjacent to the bearings. 

Eight screening tests and performance life tests at 
10,000 and 20,000 rpm were run on approximately 100 
experimental greases. All greases contained the same 
fluid but different thickeners or concentrations of thick- 
ener. All greases were performance tested in the same 
type of bearing. 

The data were evaluated by using a generalized least 
squares program written for a high speed computer. The 


analysis (1) indicated no apparent correlation between 
any single screening test or combinations of the various 
screening tests and performance life in bearings, nor 
between performance test results at 10,000 and 20,000 
rpm. A less extensive analysis made of test results ob- 
tained at 600 F also showed the same trend. 

The best correlation might be expected between tests 
of a very similar nature. Thus, the two performance life 
tests, although at different speeds, should fall in this 
category. Since the analysis indicated no correlation it 
seems unlikely that any better correlation with perform- 
ance life can be expected from tests of a nonperformance 
or static nature. For this reason screening tests were 
abandoned and evaluation is based primarily on per- 
formance testing, although the limitations on this type 
of evaluation are realized also. 


PERFORMANCE TESTS 


Performance testing of greases is expensive. The in- 
itial cost of testers and accessory equipment required for 
monitoring and control is high. Bearings for a single test 
may cost between $50 and $130. These figures may not 
appear excessive but expense pyramids rapidly if numer- 
ous testers are used and performance life of the lubricants 
being tested is short. This is normally the case at 600 F 
and at speeds between 20,000 and 45,000 rpm, where, at 
the latter speed, the duration of tests may be between 
a fraction of a minute and 20 hours. 

The bulk of performance life evaluation has been done 
in two types of testers; the L-35 Testers (2), modified 
for operation at 20,000 rpm, and High Speed Testers 
(3). The former were purchased and the latter designed 
and built by our laboratory. Simplified diagrams of these 
testers are shown by Figs. 3A and 3B. Some information 
pertinent to this equipment is shown in Table 3. 

The L-35 Testers are used extensively for evaluating 
the performance life of greases at 10,000 rpm by others 
at temperatures between about 400 and 600 F. CRC 
Procedure L-35 is ordinarily followed as the test method. 
SAE No. 204 size bearings fabricated from high speed 
tool steel (M-10, M-50, 18-4-1), manufactured to ABEC- 
3 quality and equipped with pressed, ball-riding retainers 
are used as the test bearings. The test and outboard 
bearings, packed with about 3.5gm of grease, are 
operated under radial and thrust loads of 15 and 5 
pounds respectively at 10,000 rpm. The test bearing is 
maintained at the desired temperature by means of an 
oven with suitable temperature control. Criteria of failure 
are an increase of 20 F in the test bearing temperature 
or a 300% increase in power requirements to maintain 
operation or to start. 

The High Speed Testers are used at speeds between 
20,000 and 45,000 rpm and under higher radial and 
thrust loads. Failure criteria are essentially the same as 
for tests in the L-35 Testers. 

Of the two types the High Speed Tester is the more 
versatile since speed and load can be varied with mini- 
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Fic. 3A. L-35 Tester (20,000 rpm) 


mum effort. The two types have at least one thing in 
common; precision of tests in both is poor. Consequently, 
the results of all tests are viewed with reservations and 
exceptionally good results with the utmost skepticism 
until check runs are made. 

The poor precision of performance life tests is a serious 
deterrent to more rapid development of greases for high 
speed—high temperature applications. It seems improb- 
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TABLE 3 
Performance Testers 





L-35 Testers High speed testers 





Number of testers 4 2 

Air turbine 
Test bearing size 204 204 
Ambient to 700 Ambient to 700 


Type of drive Electric motor-belt 


Temp. range, F 


Speed, rpm 20,000 Variable to 60,000 
Load, lbs. 
Radial 15 (approx.) Variable to 150+ 
Thrust 5 (approx.) Variable to 150+ 





able that a particular sample of grease changes suf- 
ficiently or lubricates so differently from test to test to 
cause the erratic results experienced in performance test- 
ing. Major factors contributing to wide variations must 
be primarily mechanical. Variations may exist in the 
following: (1.) test machines; (2.) bearings; (3.) in- 
strumentation for measuring, controlling and recording 
temperature, speed and load; (4.) assembly practices. 
In initial work at 400F and 20,000 rpm, lack of 
repeatability of life performance tests at 400F and 
20,000 rpm was of major concern. The primary factors 
considered to be responsible for the poor precision were 
borderline operating characteristics at 20,000 rpm of test 
bearings equipped with pressed, ball-riding retainers and 
variations in the test bearings. In general, bearings of 
this type are not recommended for operation at speeds 
over 12,000 rpm. For operation at 20,000 rpm and 
above, angular contact bearings, having counterbored 
outer rings and equipped with machined, outer-ring con- 
trolled retainers were recommended. Recommendations 
for bearings for operation at high speeds (20,000 rpm 
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Fic. 3B. High speed tester (speed variable to 60,000 rpm) 
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and above) and high temperatures (above 400 F) are 
based primarily on experiences obtained with oil as the 
lubricant. The conditions associated with oil lubrication 
and those with grease lubrication are sufficiently different 
to render such recommendations questionable. A compre- 
hensive test program to determine the most suitable type 
of bearing for high speed, high temperature operation 
with grease is needed. 


A supply of both types of bearings was obtained and 
the performance life of a single grease in both types 
was determined. Results of these tests were as shown in 
Table 4. 


TABLE 4 
Effect of Bearing Type on Life and Precision 
L-35 Testers—400 F—20,000 rpm 
Hours to Failure—Bearing Type 


A B 
Pressed _ ball-riding Machined outer ring 








retainers controlled retainers 
404 332 
195 135 
600 218 
300 304 
392 231 
320 243 
584 306 
350 251 
Average 393 252 





A statistical analysis of the data in Table 4 showed 
that: (1.) based on all tests in both types of bearings 
under the above conditions, the standard deviation of 
the test is 124 hours; (2.) the standard deviation calcu- 
lated separately for each type of bearing is 138.5 hours 
and 62.5 hours for Types A and B respectively; (3.) ap- 
proximately 48 tests in Type A and 23 tests in Type B 
would be required to assure within 95% probability that 
the experimental mean would be within 10% of the 
population mean. 

The above tests indicate that a specific grease may 
perform at different levels in different types of bearings. 
In this particular case the question remains as to whether 
the performance and precision levels would be reversed 
or equivalent if another type of grease had been used 
as the referee sample. 

Since bearings of Type A were readily available, cost 
less than Type B and performed for longer periods, the 
bulk of testing at 20,000 rpm was continued in this 
type of bearing. 

Approximately 333 bearings of Type A were ex- 
amined. Table 5 shows the ranges observed for dimen- 
sions and the percentage of bearings falling in the 
various ranges. 

The instruments used for measurements are not con- 
sidered to be highly precise; however, the measurements 
above are believed sufficiently accurate to indicate that 
dimensional variations do exist. A number of the dimen- 


TABLE 5 
Test Bearings—Dimensions 








Bearings Examined—333 Per cent 
Bore 
0.7870-0.7871” 87.7 
0.7871-0.7872” 12.3 
OD 
Below 1.8500” 11.4 
1.8500-1.8502” 84.1 
1.8502-1.8504” 4.5 
Radial Clearance 
0.0005-0.0015” 38.1 
0.0015-0.0017” 58.9 
0.0017-0.0020” 3.0 
Axial Clearance 
0.0027-0.0045” 3.6 
0.0045-0.0060” 82.9 
0.0060-0.0075” 13.5 
Cage Clearance 
0.0005-0.0015” 55.2 
0.0015-0.0040” 42.6 
0.0040-0.0060” 2.2 
Running Torque gm-cm 
Unlubricated 
75-95 70.6 
95-120 23.4 
120-250 5.4 
250 0.6 
Lubricated 
75-95 97 
95-120 3 





sional variations shown are probably well within manu- 
facturing tolerances. 

The above information was collected as a matter of 
interest and no attempt was made to correlate it with 
performance life. Extensive testing under closely con- 
trolled conditions would be required to determine whether 
the variations noted would affect life. 

An attempt was made to determine the effect of bear- 
ing type on the performance life of a single grease at 
400 F and speeds between 20,000 and 45,000 rpm. The 
design of the different bearings and other pertinent data 
on them are shown by Fig. 4. The results of tests are 
shown in Table 6. 

TABLE 6 
Performance Life—Hours 
High Speed Testers—400 F—3.5 gm Grease 








Bearing 
Type 20,000 rpm 30,000 rpm 45,000 rpm 

A 206 (avg. 5 tests) 2.9 0.32 
B — a 9 
i 36 6 0.01 
D 103 3 2s 
E 9 0.9 0.25 
F 139 65 7 
G — _— 8 
H 
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Fic. 4. Bearing types 


The five tests in Bearing A again showed poor pre- 
cision. Life in these tests was 503, 72, 226, 12 and 215 
hours. In general, the above data may indicate that: 
(1.) the grease tested furnished only marginal lubrica- 
tion at the higher speeds; (2.) at high speeds and tem- 
peratures it may be extremely difficult to lubricate anti- 
friction bearings with grease; (3.) with some greases 
the use of more precise bearings may not extend perform- 
ance life significantly. 

The foregoing indicates also that the performance life 
of a grease and/or a bearing, since they are inter-related 
under specific conditions, can be determined only by 
subjecting the grease-bearing combination to performance 
testing under prescribed conditions. Since there are 
mechanical variables in the bearings and test rigs which 
may be conducive to poor precision of test results, a 
number of tests cn any one grease must be run before 
any reliability can be placed in the results. In turn, the 
results of performance tests cannot necessarily be pro- 
jected to service applications nor can it even be safely 
assumed that the grease will perform at the same levels 
in bearings other than those in which it was tested. 


Initial tests at 600 F and 20,000 rpm in the L-35 
Testers showed that extremely short life could be ex- 
pected if the grease charge of 3.5 gm, specified by the 
L-35 procedure, was used. Further testing indicated that 
minor improvements in life could be obtained by com- 
pletely packing the test and outboard bearings with 
lubricant. Major improvements in life resulted when 
tests were run with bearings which were packed full and 


supplied with an additional amount (approximately 10 
gm) of grease placed in a special end cap. A comparison 
of the L-35 Tester equipped with the standard and 
modified end caps is shown by Fig. 5. Results of tests 
on several greases under the three conditions are shown 
in Table 7. 





A-STANDARD END CAP 






































B- MODIFIED END CAP 
Fic. 5. L-35 Tester 
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TABLE 7 
Effect of Grease Charge on Life 











Life—hours 
Grease 600 a ee rpm 
Charge rease No. 

(gm) End Cap 1 2 3 
3.5 Standard 7 7 11 
6.5 Standard 14 13 23 
6.5 Special + grease 51 42 72 
6.5 Special — no grease — 13 - 





Bearing-spindle fit and its resultant, internal clearance 
in the bearing, may affect life as shown in Table 8. 


TABLE 8 
Effect of Bearing-Spindle Fit on Life 
600 F—20,000 rpm 
Life—Hours 








Grease 0.0003-4” Tight 0.0000-1” Tight 
A 76 107 
B 124 211 
c 85 125 
D 112 125 
E 131 171 
F 90 170 
G 134 198 





An increase of 25 to 50 hours in life seems like a 
negligible improvement. If, however, the hours are multi- 
plied by the speed of modern aircraft, the figures in 
terms of additional mileage are more impressive. 

As mentioned previously, performance testing is ex- 
pensive and time consuming. Poor precision of test re- 
sults confuses the interpretation of data, increases costs 
and delays progress. To expedite development work on 
greases, mechanical variables leading to poor precision 
must be isolated and eliminated or at least recognized and 
controlled as far as possible. In general, it is not felt 
that determination and isolation of mechanical variables 
should be part of a program aimed primarily at lubricant 
development. If the two are combined, neither phase 
may be effective without increased cost and scope of 
present programs. 


Current state of grease development 


A few of the obstacles retarding rapid development of 
greases for high temperature-high speed applications 
have been discussed. Despite these obstacles some pro- 
gress has been made, although life of the greases at 600 F 
and at speeds between 20,000 and 45,000 rpm is well 
below the minimum of 500 hours required. 

Data on one of the better greases are shown in 
Table 9. 

Operation of the same grease under higher loads is 
shown in Table 10. 

Testing in actual equipment in various types of bear- 
ings having different internal clearances, grease capaci- 


TABLE 9 
Performance Life—Hours 
Load, lbs—25 Radial—15 Axial 











Speed Temperature (F) 

(rpm) 400 500 550 600 700 
20,000 — 5314 231¢ 1809-113? 534 
30,000 m4 en 45> ini 
45,000 125% -= ae 18 — 





@ L-35 Testers. 
>» High Speed Testers. 


TABLE 10 
Effect of Load on Life 
High Speed Testers—600 F—20,000 rpm 











Load (Ib) 

Radial Axial Life—Hours 
25 50 83 
25 75 64 
25 100 51 
25 125 50 
25 150 48 
50 25 97 
75 25 70 

100 25 59 
125 25 64 
150 25 69 





ties, etc., and assembled in housings and on spindles with 
different requirements for fit, and operated under varying 
conditions of speed, temperature and load will be re- 
quired before any real evaluation of progress can be 
made. 


Summary 


An extensive investigation of a wide variety of ma- 
terials as potential fluid and thickener components for 
greases has been made. At present several silicones and 
polyphenyl ethers show the most promise as the fluid 
components. As thickeners, several organic compounds 
of the triazine type appear to possess the required ther- 
mal and/or oxidative stability and thickening ability. 


The performance life at 600 F, however, of a grease 
containing the best fluid and thickener developed is well 
below the minimum of 500 hours required. Interaction 
of the thickener with the inhibitor in the fluid may be 
partially responsible. Further progress will depend on 
the development of new and improved components or 
improvement in current materials through the use of 
additives. 


Development of screening tests which will correlate 
with performance tests would be advantageous from an 
economic standpoint. 

The limitations and problems associated with perform- 
ance testing of greases are recognized and an extensive 
program may be required to eliminate or mitigate some 
of the variables in this area. 
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Appendix: thermal and/or oxidative stability— 
thickeners—600 F 


APPARATUS 


1. An insulated aluminum block oven with ten evenly 
spaced holes drilled 214 inches from the center of the 
cylindrical block (6 in. X 6 in.) being 15.5 mm in diam- 
eter by 75 mm in depth. 

2. 15 150 imm test tubes cleanly cut approximately 
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in half, the bottom tube portion being 70mm + 1 in 
length, the top to be considered as the condenser. 
3. Vented corks to fit the condenser. 


PROCEDURE 


1. Tube and condenser are tared. 

2. One gram sample is weighed in tube portion. 

3. Tube portion is placed in aluminum block oven 
preset at 600 F. 

4. Condenser with a vented cork is placed carefully 
on tube so as to contain any vapors or material sub- 
liming from the heating process. 

5. At predetermined intervals of time, the condenser 
and tube are removed and weighed. 

6. A decrease in weight of the tube can be attributed 
to decomposition, evaporation and sublimation or a com- 
bination of the three. 

7. An increase in condenser weight can be attributed 
to sublimed material or condensation of refluxing ma- 
terials from the tube or a combination of both. 

8. By this method any loss from the tube is calcu- 
lated as evaporation. Any material within the condenser 
is calculated and reported as sublimation. For these 
reasons combined evaporation and sublimation may ex- 
ceed 100%. 


DISCUSSION 


J. H. Gustarson (Marlin-Rockwell Corporation, Jamestown, New 
York): 


Concerning thermal stability, a better comparison of the high 
temperature properties of the fluid could perhaps have been ob- 
tained if one cc of fluid had been added drop-wise over a period 
of 24 hours. The lack of correlation with static oven tests indicates 
that, in the bearing tests, the oils are subjected to factors other 
than just high temperature. The amount of fluid retained in the 
bearing for lubrication may be dependent on shear or pressure 
viscosity characteristics. 

With respect to effect of grease charge on life, it is certainly 
interesting to note the success that has been obtained in providing 
additional grease for the bearing. Table 7 shows that packing the 
bearings full doubled the life; packing the bearing full with an 
additional 10 grams of grease in a special end cap gave seven times 
the life. In addition to possibly providing more lubricant, the end 
cap improved bearing-grease life mainly by eliminating air flow 
through the bearing. 

The work covered in this paper certainly has given a clue as to 
how satisfactory bearing-grease life may be obtained under such 
rigorous conditions of operation. At the present state of the art, 
grease technology does not offer much hope for providing 500 
hours life for high speed bearings operating at 600 F. We feel that 
the following factors should be considered in the design of actual 
ecjuipment and certainly in the testing and evaluation of greases: 

(a) Additional grease space must be provided adjacent to the 
bearing. Housing designs must be such that this grease slowly 
creeps or moves into the bearing, providing fresh lubricant films. 
The initial thin films of grease in the race of normal prelubricated 
bearing cannot withstand prolonged exposure to 600 F. 


(b) Housing design, similar to the modified end cap used in 
these tests, must be incorporated to prevent air flow past the 
bearing. It is obvious that the evaporation rate of the fluid com- 
ponents of the grease will affect the lubricating life. 

(c) The advantages of a pressed, ribbon type retainer are its 
light weight and low mass. It allows larger quantities of grease to 
be retained within the bearing. Unfortunately, in the manufacture 
of this type retainer it is impossible to control pitch diameter. As 
a result, ball to pocket contact and clearance is not uniform. This 
pressed type metal retainer is generally not recommended for high 
speed applications. 

The strong, solid or machined retainer offers precision control of 
pitch diameter and ball-pocket contact. These retainers are usually 
guided by the outer or inner land. The disadvantage is the fact 
that they are large mass, reducing the bearing grease space and 
grease movement to the ball-retainer contact area. 


E. L. Armstronc (Socony Mobil Oil Co., Inc., Research Depart- 
ment, P. O. Box 91, Mullica Hill, N. J.): 


We wish to commend the author for a worthwhile contribution 
to the grease literature. 

First, we refer to Mr. McCarthy’s statement, “one of most 
fertile fields is the development of new fluids or improvements in 
current fluids through the use of additives which will not be ad- 
versely affected by the thickeners.” 

In tests in our laboratory at 600F and 10,000 rpm, we have 
demonstrated that the grease performance life may be very 
substantially improved by proper selection of fluid, thickener, and 
additives. I am avoiding stating a percentage of improvement 
here because of the nature of the rig tests as the author demon- 
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strates. Conversely, the author’s example was quite interesting in 
demonstrating an undesirable interaction between antioxidant 
additive and thickener in this regard. Careful selection of fluid, 
thickener, and additives are necessary for optimum performance. 

Another point which we believe deserves to be re-emphasized is 
the author’s statement, “the above tests indicate that a specific 
grease may perform at difficult levels in different types of bearings.” 
As an extreme example from our experiences, a high temperature 
grease had a life of 100 days in a lightly loaded ball bearing 
running at 10,000 rpm at 450F. We tested this grease also in 
heavily loaded roller bearings running at 2500 rpm at 150F. 
Bearing failures occurred in less than one day in these particular 
roller bearings, a hundred-fold reduction in life as we changed 
from one bearing and environment to a radically different one. 

The point is that very careful attention must be paid to the 
combined effect of specific bearings and specific greases. Even in 
the same equipment, great improvements can be made by changes 
in the housing design and the resultant amount of grease filling 


as shown by Table 7. In our laboratory, we have observed 
the importance of having sufficient internal clearance in bearings 
operated at temperatures above 350 F. The higher the temperature, 
the more clearance is required. In one series of tests at 450F, the 
life of a particular grease increased 500% when the internal 
clearance of the mounted test bearing was increased by 50% as 
measured at room temperature. Much more work should be done 
to correlate the importance of test bearing, spindle, and housing 
dimensions as shown in Table 5 with over-all performance life. 
There is as yet no good substitute for experience in actual equip- 
ment in use. 


Epitor’s NOTE: 


Authors are furnished a copy of each discussion and invited to 
submit a closure. Since no closure was submitted for the above 
article, it may be assumed that the author either concurred with 
the discussors or did not feel that a reply was necessary. 
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Correlation of Gyro Spin-Axis Ball Bearing Performance 
with the Dynamic Lubricating Film 


By JOHN D. HORSCH! 


A complete dynamic lubricating film of the order of ten microinches thick has been demonstrated 
for precision gyroscope spin-axis ball bearings. Failure is not from fatigue, but due to transforma- 
tion of the lubricant into a varnish shown to be a function of film thickness or due to rotor 
shifts shown to be directly caused by film thickness changes. Simultaneous measurements of the 
axial dimension change between the loaded race faces, torque, capacitance, resistance, temperature, 
and vibrations on single bearings with controlled load, speed and ambient conditions have allowed 
measurement of the film, its relation to bearing performance, and factors important in determining 


film thickness stability. 


Introduction 


A PROJECT was undertaken to improve the performance 
and reliability of precision single degree of freedom 
gyroscopes (Fig. 1), by improving the spin axis ball 
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Fic. 1. Schematic cross section of a single degree of freedom 
gyroscope. 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Pittsburgh, Penn- 
sylvania, October 16-18, 1962. 

1 Senior Research Engineer, Research Laboratories, General 
Motors Corporation, Warren, Michigan. 


bearings. An important phase of the program was the 
building of test equipment and instrumentation which 
was used to define and evaluate bearing performance. 

The primary gyro problems related to the spin-axis 
bail bearings are drifts caused by mass shifts and an 
eventual large bearing torque increase. Fatigue is not a 
problem. An average rotor shift of 1 microinch with 
respect to the output axis will result in an excessive error 
torque (balance shift) for today’s precision standards. 
High torque failure occurs from a varnish formed in the 
ball track; such formation is accelerated by conditions 
brought about by marginal lubricant supply. Mean bear- 
ing life, measured by varnish induced failure, is of the 
order of 2000 hours with greater than ten to one ob- 
served variations. 

The bearing contains a minimum of lubricant to 
minimize both lubricant and rotor mass shifts. An im- 
pregnated porous separator provides the only lubricant 
during operation, the excess lubricant being initially 
removed by centrifuging the bearing prior to assembling 
the sealed gyro. 

The gyros are operated at 12,000 rpm in a constant 
temperature helium atmosphere, about 150 F. The 
primary bearing load is the axial preload between the 
bearing pair, about 10 pounds. These bearings are 
angular contact instrument ball bearings, the highest 
quality manufactured. Two sizes, used with various gyro 
systems, were tested, a 10 mm bore bearing having 
eight-3/16 inch diameter balls and a .25 inch bore 
bearing have nine-3/32 inch diameter balls. Both had 
contact angles of about 30° and curvature ratios of 
52.5% to 56%. The lubricant was a compounded paraffin 
base mineral oil having a 104 VI and 157.6 centistoke 
viscosity at 100 F. 


Test equipment 


Production gyro screening methods employ such tests 
as coast down time (a function of torque) and/or milli- 
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watt meter measurements of motor power fluctuations 
during gyro operation. Power fluctuations caused by 
changes in bearing torque appear to be an indication of 
rotor shifts. These techniques, while indirect, are methods 
of indicating bearing performance without gyro modi- 
fication. Direct instrumentation cannot be easily applied 
to the installed spin-axis bearings due to the gyro’s 
complexity and delicacy. 

To obtain direct bearing performance measurements, 
single bearings were divorced from the gyro wheel and 
run in specially developed test machines (Fig. 2), under 





Fic. 2. Single bearing test machine. a, Precision spindle; b, test 
bearing; c, load post; d, load transducer; e, torque transducer; 
f, air bearing; g, dead load; h, vibration pickups. 


controlled conditions of load, speed, alignment, atmo- 
sphere, and ambient temperature. The bearing could be 
operated with either constant axial load or the load con- 
trolled to maintain a constant axial dimension (6) (see 
Fig. 4) between the loaded race faces. Since radial 
bearing loads, which can be imposed by various ac- 
celerations in the gyro, are intermittent and are small 
compared to the preload, radial loads were not applied. 

The inner race was stationary, axially loaded to a 
maximum of 50 pounds by a rigid post. This load post 
was aligned by the test bearing and an air bearing sleeve, 
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causing negligible axial and torsional restraint to the 
post. The axial load was applied to the load post through 
a load transducer by a wire passing down through the 
hollow load post to a pivoted load beam system (Fig. 3). 
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Fic. 3. Schematic of single bearing test machine. a, Precision 
spindle; b, test bearing; c, load post; d, load transducer; e, torque 
transducer; f, air bearing; g, dead load; h, motor drive; i, bell jar. 








The beam could be loaded by either dead weight or a 
servo system. 

The outer race was rigidly mounted on a precision 
hydrostatic air spindle accurate to within 3 microinches 
(Fig. 4). The ball tracks were aligned to the spindle axis 
within 10 microinches (better than bearing tolerances). 
This spindle was essentially vibration free when properly 
balanced. The spindle was driven by an integrally mounted 
hysteresis synchronous motor powered by a variable 
frequency source. This provided outer race rotation up 
to 16,000 rpm. 

Atmosphere control was provided by covering the 
machine with a bell jar and sealing all connections. 


Instrumentation 


Simultaneous recordings of the axial dimension (4), 
torque, electrical capacitance and resistance between the 
races, various vibrations, and inner race temperature were 
made; however, @, torque, and capacitance proved to be 
the most descriptive measurements with respect to gyro 
performance. 
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Fic. 4. Schematic of the axial dimension (@) measurement. a, 
Precision spindle; b, test bearing; c, load post; d, insulator; e, lead 
wire; f, quartz rod; g, invar; h, linear variable differential trans- 
former. 
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The axial dimension (6) (Fig. 4), between the loaded 
race faces is a significant measurement with respect to 
gyro performance. If 6 changed in the gyro, a rotor 
(center of mass) shift would result. Thus, 6 was chosen 
as the drift stabilty standard for the bearing tests. 

Measurement of @ was made with a linear variable 
differential transformer, the coil fixed to the outer race 
and the core to the inner race by materials (invar and 
quartz) with negligible thermal expansion coefficients 
(Fig. 4). The signal was transferred from the spindle 
with negligible error by a set of rotary transformers. 

Calibration was accomplished by moving the load shaft 
axially and checking the movement with an external 
indicator. Maximum sensitivity was 1 microinch per milli- 
meter of recorder pen deflection. Stability was 2-10 micro- 
inches per 100 hours, depending upon operating condi- 
tions. 


A more general concept of @ is as a normal approach 
measurement between the balls and races, properly 
modified by the contact angle geometry. Normel ap- 
proach is defined as the change of dimension from some 
arbitrary reference between the undeformed ball and race 
curvature centers. Since the change of contact angle is 
negligible under most operating conditions, a change of 
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6 is then proportional to a change of normal approach. 
The ratio of a change of 6 to a change of normal approach 
for these bearings is about 2 to 1. Since two load carry- 
ing areas are involved, the average change of @ to a 
change of normal approach at one ball to race load carry- 
ing area is 4 to 1. 

Torque was measured as that required to restrain the 
load post (inner race) from rotating. A linear variable 
differential transformer, measuring the deflection of a 
spring system (Fig. 2) was used as a load transducer to 
measure the force necessary to restrain the load post at 
a fixed radius and thus measure the restraining torque. 

Calibration was accomplished by applying a known 
force at a known radius with the test bearing in place 
under axial load. Maximum sensitivity was 10 dyne centi- 
meters per millimeter of recorder pen deflection. Zero 
torque determination of the test bearing was repeatable 
within 100 dyne centimeters. 

Similar to the work of Cameron (2), an electrical 
voltage was applied across the bearing which demon- 
strated a complete film, but damaged the lubricant. The 
use of capacitance as a film measurement as accomplished 
by Crook (1) not only demonstrated a complete film, but 
allowed continuous measurement, apparently without in- 
fluencing the bearing operation. 

Electrical measurements of capacitance and resistance 
were made between the inner and outer races, the inner 
race being isolated from the test machine by an insulating 
segment in the load post (Fig. 4). A fine wire was used 
to connect the inner race to the measuring circuit to 
prevent introducing extraneous torques. 

Capacitance and resistance were simultaneously and 
continuously recorded by applying a 70 kilocycle per 
second signal and a 6 cycle per second signal to a divider 
network composed of the test bearing and an external 
capacitor and resistor (Fig. 5). The output voltage was 
separated into the 70 kilocycle and 6 cycle components, 
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Fic. 5. Schematic of the capacitance and resistance measure- 
ment. 
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each being amplified, demodulated and fed to a multi 
channel oscillograph. The maximum excitation voltage 
applied across the bearing was 50 mv peak to peak to 
prevent discharge across the lubricating film. 

Calibration was accomplished by substituting known 
capacitors and resistors in place of the test bearing, 
maintaining physical position to hold the stray capaci- 
tance of the leads constant. The capacitance was 10-50 
picofarads for the .25 inch and 30-150 picofarads for the 
10 mm bearing. Readability was within one picofarad. 
Resistance generally ranged from 1 megohm to 1000 
megohms. Readability was within 10% of the reading. 
The measurements were not significantly modified by 
bearing generated voltages. 


Test procedures 


The test and bearing processing equipment were 
located in a special clean room similar to those through- 
out the gyro industry. The bearings tested were being 
produced for gyros used in operational inertial guidance 
systems. These bearings were assembled, the separator im- 
pregnated with the lubricant, and individually packaged 
in sealed, vapor tight containers by the manufacturer. 

Some bearings were not assembled by the manufacturer, 
but were packaged with extra matched balls. Due to the 
long life expectancy of the normal bearings, these 
bearings with the extra balls added were run without a 
separator to accelerate varnish formation. No difficulties 
occurred from ball interference and, in fact, these 
bearings generally had a slightly lower torque. The load 
was increased to keep the load per ball the same. 

The bearings were opened in the clean room, sub- 
merged in lubricant, assembled if necessary, and then 
centrifuged with an 800 g axial force for 10 minutes to 
remove all but a small portion of the lubricant in the 
bearing. 

Of the order of 100,000 test hours were accumulated 
on about 100 different bearings. Most testing was done 
with the 10 mm bearings, primarily at continuous opera- 
tion, 12,000 rpm and 16 pounds axial load. Other types 
of testing included parameter study by sequencing load, 
speed and ambient temperature. Cause and effect rela- 
tionships were determined by such tests as adding lubri- 
cant to an operating bearing. The majority of tests were 
run at 72 F in air and the data reported is for such 
operation. 


Results 


A complete dynamic lubricant film of the order of 10 
microinches thick was found at the ball race load carrying 
area. The film thickness was shown to be the most im- 
portant performance parameter, relating both to rotor 
shifts and varnish formation. This complete film existed 
under all loads, temperatures, and speeds (except below 
200 rpm) within test machine capability (40 pounds per 
ball measured normal to the load carrying area; 200 F; 
and 16,000 rpm). Simultaneous measurement of @, torque, 


and capacitance allowed evaluation of each as a gyro 
performance measurement. These measurements demon- 
strated the dependence of gyro performance on film 
thickness, thus the film was the factor to study in relation 
to improving the gyro bearing. 


Film thickness measurement 


Two measurements were a direct function of film 
thickness, the axial dimension (6) and capacitance. A 
modification of these measurements is necessary to de- 
scribe the film thickness. 

6 is determined by several factors, some external to the 
bearing such as load, and some internal to the bearing 
such as film thickness. Since changes rather than the 
absolute value of @ are important, @ has an arbitrary 
zero. Changes of 6 from this zero have been defined in 
four groups: elastic, 6_; thermal, @,; centrifugal, 4; 
and lubrication 6,. 

Oy is defined as being identical to 6 at the same load at 
zero bearing speed, referred to the yield at some reference 
load. This deformation occurs primarily at the load car- 
rying area and is a function of the axial load only, defined 
by a Hertzian solution appropriately modified by the 
contact angle. 

6y is defined as the change in 6 due to bearing tempera- 
tures other than some reference temperature. These 
temperature differences occur from energy dissipated in 
the bearing, from external heat sources or from an 
ambient temperature change. Energy dissipation is a 
function of torque and speed with the temperature 
gradients further being a function of the cooling or 
energy loss from the bearing. 

6c is defined as the change in @ occurring from ball 
loading due to centrifugal force, resulting in a contact 
angle change. 6, is a function of speed, being significant 
only at high speeds. 

6;, is defined as the change in 6 due to the presence of 
the lubricant, not including any change of 6; nominally 
the result of film thickness. 

The separation of the various 6’s from the total @ is 
possible only under certain conditions, generally when 
all but one cause of a change of @ is held constant. 

Interpretation of capacitance as a film thickness meas- 
urement is made by assuming the ball to race film as a 
simple parallel plate capacitor, the capacitance being 
directly proportional to the area and permittivity of the 
lubricant and inversely proportional to the gap. The 
bearing can then be represented as a series-parallel capa- 
citive network (Fig. 5). Since there are two films per ball, 
the circuit across each ball is represented as two variable 
capacitors (sensitive to gap) in series, these series pairs 
arranged in parallel. Stray capacitance not sensitive to 
gap variations is represented by a capacitor in parallel 
with the network. 

It is probable that the capacitance of all load carrying 
areas or films are of the same magnitude but there is 
reason to believe that some differences exist between the 
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inner and outer race films and between films on the same 
race. Thus, an average gap for this simplified model is 
proportional to the recriprocal of the corrected capa- 
citance (measured capacitance minus the stray capa- 
citance), referred to as h. 

The surfaces in the bearing are not parallel because of 
the normal curvature, which is further modified by elastic 
deformations. The gap in the load carrying area or pres- 
surized area is probably not uniform and outside of the 
load carrying area, the gap increases rapidly. The gap 
profile probably changes shape due to speed, load or 
lubricant property changes, thus modifying 4 as a meas- 
urement of gap at some point in the system. 

The high pressures existing in the gap change the 
permittivity of the lubricant an unknown amount. Thus, 
h cannot be directly calculated for gap or film thickness 
even if the area-gap relation is assumed to be known. At 
constant load and speed, changes of the pressure will be 
small and, thus, the errors due to pressures will be 
second order. On the other hand, a load change will 
increase both the pressure of the lubricant and the elastic 
deformation and, thus, may cause a modification of the 
relation of # vs. film thickness. By heating the lubricant 
in bulk, it has been demonstrated that neither tempera- 
ture nor degradation cause a significant change of 
permittivity of the lubricant (Figs. 15 and 17). 

At any point, # can be determined as an absolute 
value. On the other hand, the absolute value of 6, is 
usually not known because of the large 6. component of 
6 at normal operating speeds. 

Changes of 6; were determined for two operating con- 
ditions of the 10 mm bearing; (a) for transient film 
changes occurring at constant gyro operating conditions, 
and (b) film changes induced by speed changes in the 
range of 0 to 1000 rpm. 

Comparisons between 6; and 4 were made for in- 
ternally caused film transients for the 10 mm bearings at 
12,000 rpm and constant axial load of 2 pounds per ball. 
Changes of 6, of less than 1 microinch per 5 hours were 
not reliable due to instrumentation drifts of 6. 0, and 0¢ 
were constant due to the constant load and speed. 6 was 
considered proportional to torque, an approximate pro- 
portionality constant was determined experimentally. 6, 
was determined by substracting the approximate value 
of @, as determined by the torque change. 6; was gen- 
erally much smaller than 6,. Film transients are shown in 
Figs. 7, 8, 9, 10, and 11. These are reproductions of the 
actual recordings representing various degrees of torque 
change. Figure 6 is a plot of /\ 6, vs. the corresponding 
A A for many similar changes. Only a few points are rep- 
resented from many 10 mm bearings, the bands rep- 
resenting the spread. 

The determination of stray capacitance was not pos- 
sible experimentally. By measuring the bearing capa- 
citance in the test machine without the balls, a value of 
about 6 picofarads was found. This does not include 
stray capacitance from the balls to the close conforming 


ball tracks outside the load carrying area. Thus the total 
stray is greater than 6 picofarads. A value for the stray 
capacitance of 15 picofarads was chosen to provide a 
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Fic. 6. Comparison of the axial dimension change with 
capacitance change for bearing jogs. 
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Fic. 7. Reproduction of 10 mm bearing recording large positive 
torque change with a film change. 
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Fic. 8. Reproduction—10 mm bearing recording large negative 
torque change with a film change. 
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Fic. 9. Reproduction—10 mm bearing recording change of 
torque hash with film change. 
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constant value of the ratio of A ’ to A 6, for all values 
of 4. Although this simplification was not rigorous, it did 
provide a direct measurement of A 6, by A sat all ob- 
served values of film thickness. 


The absolute value of 6,, being defined as zero at 
zero speed, was known at speeds up to about 1000 rpm 
due to negligible power input and centrifugal force. 
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Fic. 10. Reproduction—10 mm bearing recording superimposed 


jogs. 
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Fic. 11. Reproduction—10 mm bearing recording large resist- 
ance change with no corresponding film change. 
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BEARING SPEED, hundreds of RPM 


Fic. 12. Schematic effect of speed and lubricant on the film 
measurements (low speed). 


Figure 12 is a schematic plot of 6 and / vs. speed for low 
speeds. With no lubricant in the bearing no change of / 
or 6;, was seen with speed except for a small change of 
6 near 1000 rpm. When lubricant was added, a complete 
lubricant film with normal values of # and 6, was im- 
mediately established, demonstrating that 6 and 6, are 
identical at sufficiently low speed. Considering the con- 
tact angle and that two films are involved, the 28 micro- 
inch value of 6; at 1000 rpm results in a 7 microinch film 
thickness. 

The ratios of the absolute values of # to 6, at slow 
speeds in the complete film region are comparable to 
those for /\ A to A 6; at 12,000 rpm operation. If it is 
assumed that this ratio is valid for all speeds at constant 
load, then # becomes a measure of 61. 

Since 6 and 6¢ increase with speed and are as large as 
6,, the exact value of 6; cannot be determined. It is not 
valid to subtract the 6 obtained without lubricant in the 
bearing from the @ obtained from a normally lubricated 
bearing because of the different torque characteristics 
between the two lubrication conditions. 

Estimations of 6; at 12,000 rpm by estimating 6, and 
6 and subtracting from @, were about 30 to 45 micro- 
inches, which were consistent with the values of / in this 
region. This gives a film thickness at nominal gyro opera- 
ting conditions of about 10 microinches. 

Figure 13 is a schematic plot of 6 and / vs. speed for 
high speeds. 


Incomplete films at low speeds 


Electrical contact, nearly zero resistance, existed across 
the bearing for speeds between 0 and 75 rpm although 
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BEARING SPEED, thousands of RPM 


Fic. 13. Schematic effect of speed and lubricant on the film 
measurement (high speed). 


changes of 6;, occurred in this region. Between 75 and 
200 rpm, intermittent periods of high resistance of at 
least several megohms occurred. These periods were of 
shorter duration than a complete bearing rotation. Above 
200 rpm, the electrical contacting completely disap- 
peared. These regions are shown in Fig. 12. 

When all lubricant was removed from the bearing, elec- 
trical contact occurred at all speeds and no change of 6 
was observed except above 500 rpm, where an increase of 
6, occurred as shown in Figs. 12 and 13. When lubricant 
was added, a complete dynamic film was immediately 
established which significantly displaced the balls from the 
races. The absence of electrical contact was used to define 
a complete lubricant film. 

Observation on an oscilloscope of the carrier signal 
from the bearing made it possible to determine the 
character and duration of electrical contacting. The 0 to 
75 rpm speed range exhibited a zero carrier amplitude 
indicating that at any given time, at least one ball had 
contact at both races. In the intermittent speed range of 
75 to 200 rpm, periods of zero amplitude were intermixed 
with various discrete steps of carrier amplitude. At carrier 
amplitudes greater than zero, at least one load carrying 
area of every ball must be on a complete film. When the 
other load carrying area forms a complete film, the 
capacitance will change a measurable amount thus 
causing the discrete steps observed. 

If only boundry layer lubrication existed in a con- 
tinuous electrical contact region, no significant change of 
6;, would occur. Thus, the load must be carried both by 
the dynamic film and by actual contact or boundry layer 
lubrication in this slow speed region. 
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In the speed region of intermittent electrical con- 
tacting, the load is primarily supported by the dynamic 
film. Most of the intermittent contacting is attributed to 
asperities and nonroundness of the bearing components 
which cause load changes on the balls as they rotate. 
There was considerable spread between bearings as to 
the speed boundaries of the intermittent contact region. 

In the continuous film region, the load is completely 
supported by the dynamic film. #6; and h are descriptive 
of the actual gap because of the correlation between these 
two different measurements, gap being the only param- 
eter relating to both measurements. 


Gyro bearing instabilities 


In the test machines, @ changes occurring at constant 
load and speed were primarily 6;, and thus film thickness 
changes. Torque did not correlate with #, many times 
changing in opposing directions. 

All bearings tested exhibited @ instabilities with 
amplitudes of 1 microinch or greater. The majority of 
these were “jogs,” classically described as a rapid posi- 
tive 6 increase and a slow return, approximately ex- 
ponentially, to the original position. Amplitudes were 
generally less than 10 microinches but were occasionally 
as great as 50 microinches. The return time ranged from 
less than one minute to several hours and was not 
necessarily a function of amplitude or bearing configura- 
tions, rapid return jogs were sometimes superimposed on 
slow return jogs (Fig. 10). Most jogs tended to repeat at 
regular intervals with amplitudes and decay times being 
similar for a given sequence, generally tending to change 
slowly over long periods of time. Other shaped jogs oc- 
curred but were seen less frequently. 


Torque generally but not always changed during a 
jog. There were very few significant torque and thus 0 
changes without accompanying larger film changes, 
except for a high frequency torque hash. Torque hash, 
apparent in Fig. 9, seen to some degree for all bearings, 
was a rapid changing of bearing torque, while the average 
torque remained relatively constant. Torque hash does 
not seem to be directly related to film thickness. In 
separatorless bearings, changes of ball spacing as ob- 
served by a strobe light, correlated with these torque 
changes. The ball motions, which took many forms, were 
obvious in most separatorless bearings and were primarily 
a function of the lubrication and operating conditions. 
The balls could not be easily seen in normal bearings but, 
in some cases, separator vibrations correlated with this 
torque hash. Sometimes torque hash changed amplitude 
at a jog, slowly returning to the original mode. Debris in 
the bearing caused a similar hash but generally caused 
erratic behavior of @ as well. 

Other instabilities of the film, measured by 4, included 
slow changes of several microinches per 100 hours to as 
much as several microinches per hour. What appeared to 
be rapid permanent changes of 6, which correlated with 


h, sometimes occurred, either in a positive or negative 
direction. 

The film thickness as measured by / generally de- 
creased with time (Fig. 14) in a somewhat exponential 
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Fic. 14. Change of film thickness with time, related with 
varnish failure. 


manner. This was true for both normal bearings and 
separatorless bearings, but the rate differed. Under con- 
stant load operation, torque remained relatively constant 
throughout bearing life except for the large increase with 
varnish formation. 


Comparison of the test machine to the gyro 


Although the operating conditions and measurements 
of the test machine were more flexible and extensive than 
those of the gyro, the test machine could not duplicate 
drift rate, coast down time, or milliwatt meter readings 
and thus no direct comparison existed between the gyro 
and test machine. @ was chosen as the standard of stabi- 
lity performance for the tests because it was a direct 
axial shift measurement. 

For the bearing to cause a rotor shift, 6 must change. 
Thus, changes of 6 are a direct measure of rotor position 
shifts. Internally caused changes of 6, such as a film 
thickness change, occur in all bearings even though the 
nominal operating conditions are constant. The reaction 
to an internally caused change of @ in the constant load 
test machine and preloaded gyro wheel differ. The gyro 
mounting is essentially rigid except for the bearing pair. 
A change of 6 in the gyro will result in a load change and 
a 0, change of both bearings. Thus, the change of @ at 
constant load will be about twice the change of @ 
occurring in the gyro. The gyro exhibits a torque change 
of both bearings corresponding to the load change, 
causing changes of 6, and further load changes. These 
additional @ changes cause only second order rotor 
shifts since both bearings have similar load-torque-6 
relationships. 

Torque measurement, to indicate rotor shifts in the 
gyro, is possible due to the change of load and thus 








torque with a change of 6. With constant load operation, 
torque is generally not representative of bearing position 
stability (@). 

To check the effect of load change on film thickness 
transients, the bearing was operated with @ held constant 
by varying the load. Load changes occurred similar to 
the changes of 6 under constant load. At 12,000 rpm, 
torque, capacitance and load generally all changed in the 
same fashion indicating that film thickness transients do 
occur under constant 6 conditions and can be indicated 
by either load, torque or capacitance measurements. 


Varnish formation 


High torque failure occurs from lubricant transforma- 
tion into a varnish or tarlike substance. A sufficient 
quantity of this material results in higher torque and 
erratic operation. Partial transformation occurred long 
before a significant torque increase. The degraded 
lubricant was deposited beside the ball track or on the 
separator. If the balls were run through this deposit, 
erratic operation resulted until this material was expelled 
from the ball track. Bearings that were run continuously 
with constant load and speed appeared to fail relatively 
suddenly. If the bearings are coasted down periodically, 
the speed change causes the balls to shift position slightly 
in the ball track and thus sweep debris, if present, into 
the load carrying region. Thus varnish formation will be 
indicated much sooner and the varnish formation will be 
less severe than at constant operating conditions. Bearing 
torque, as measured by coast down, will start to increase 
erratically long before the constant 12,000 rpm operating 
characteristics are significantly modified. 

Degradation of the bulk lubricant due to prolonged 
heating causes large changes in the resistivity, about 
two orders of magnitude. Typical results from a heating 
test are shown in Fig. 15. The resistance across the 
bearing, about 1000 megohms at start up, decreased 
gradually to about 1 megohm near failure. The resistance 
was erratic throughout the bearing life. Most changes 
in resistance did not correlate with other measurements 
(Fig. 11). It is probable that the lubricant was generally 
degrading during most of bearing life. 

Figure 14 indicates the general decrease of 4 with time 
for some typical separatorless bearings. The failure points 
indicate a critical zone of film thickness, all bearings 
failed soon after entering this zone. Thus the rate of 
varnish formation appears to be related to film thickness. 

Other factors found to modify bearing life and thus 
the degradation rate were ambient temperature, lubricant 
viscosity, and type of atmosphere. Life of the separator- 
less bearings using various lubricants did not correlate 
with the bulk lubricant oxygen stability characteristics. 

Life was greatly reduced by running the bearing with 
no lubricant for several hundred revolutions in the test 
machine before lubricant additions, even though the 
quantity then added was in excess of that remaining from 
normal centrifuging. 
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the bulk bearing lubricant heated at 350 F. 





Film thickness determination 

For a given bearing, lubricant, and set of operating 
conditions, the film thickness was a function of the 
amount of lubricant in the path of the ball. The quanti- 
ties of lubricant involved were small. The total remaining 
after centrifuging was of the order of 50 mg in normal 
bearings, 10 mg in bearings with nonporous separators, 
and 3 mg in separatorless bearings. When less than .1 mg 
of lubricant was added to a normally lubricated operating 
bearing, jogs occurred which were larger than normally 
observed. 

A bearing was operated on a full film with 0.1 mg total 
lubricant for about 100 hours. Thus the quantity of 
lubricant required for full film formation or for film 
thickness changes was much less than that normally 
present in the bearing. 

When a small amount of lubricant was added to the ball 
track of a normal bearing, a large increase of film thick- 
ness occurred. The bearing lubrication state was defined 
as “starved.” When large lubricant quantities were 
present in the ball track, the film thickness was no longer 
sensitive to further lubricant addition. The lubrication 
state was then defined as “flooded.” The normal gyro 
bearing always operated inside of the “starved” region. 

Bearing performance in the “starved” lubrication state 
is a function of the placement and movement of the 
“stored” lubricant, defined as that lubricant not directly 
in the ball path. Any movement of this “stored” lubricant 
to or from the ball track will cause a film thickness 
change and is the probable cause of film thickness in- 
stabilities. These film thickness transients are not present 
in the “flooded” state. 
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Due to the succession of millions of balls tending to 
force the lubricant to the sides of the load carrying area, 
a restoring force must be present to provide an equili- 
brium condition. When a separatorless bearing was filled 
with lubricant and operated (flooded), large lubricant 
bands formed on the balls and races beside the load carry- 
ing area. Large wedges trailed the ball (Fig. 16). Thus 





Fic. 16. Lubricant wedges, flooded lubrication, nominal load, 
2200 rpm clockwise outer race rotation. 


much larger quantities of lubricant than normally 
present in a bearing can be “stored” adjacent to a single 
load carrying area. These wedges must be due in part to 
surface tension forces. 

When a normal bearing (starved lubrication) was 
stopped, lubricant would slowly flow into the capillary 
spaces between the balls and races. The resulting tem- 
porary film thickness increase at start up was a function 
of the time stopped; another indication of surface tension 
forces. Surface tension appears to be a primary factor 
relating to film maintenance, especially under “starved” 
or minimum lubrication conditions. 

Figure 13 indicates that the film reaches a maximum 
thickness with increasing speed and then decreases above 
this speed. This does not seem to agree with existing 
theories. Remembering that this is a “starved” lubrica- 
tion condition with no lubricant supply, it is probable 
that centrifugal force and the succession of balls signifi- 
cantly reduce the quantity of lubricant in the path of the 
balls and thus film thickness decreases at higher speeds. 


Conclusions 


A complete dynamic film of significant thickness, not 
boundary layer lubrication, supports the load, as dem- 
onstrated by the lack of electrical contact and by the 
correlation of 6 and capacitance. Capacitance or @ can 
be used as a measure of the film thickness. 


The existence of the complete dynamic film lubrication 
is of primary importance to gyro spin-axis ball bearing 
performance. The average positional stability demanded 
from these bearings, shown to be a direct function of 
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Fic. 17. Change of capacitance and resistance with temperature 
for the bulk bearing lubricant. 


film thickness, is several orders of magnitude less than 
the nominal 10 microinch film thickness. Most bearing 
positional instabilities such as jogs are, in fact, film thick- 
ness changes. Thus the spin-axis bearing problem is 
primarily a lubrication problem in the sense of maintain- 
ing consistent quantities and placement of the lubricant. 

6 is the measure of bearing stability at constant axial 
load and is primarily a function of film thickness, torque 
being a secondary factor. Thus capacitance, due to its re- 
lation to film thickness, can be used to measure gyro 
bearing stability performance. In the gyro, torque is 
considered a measure of gyro performance. A torque 
change is caused by a load change, which accompanies a 
film thickness change. Thus, a torque change in the gyro 
is a result, not the primary cause of a center of mass 
shift. 

The gyro bearing lubrication problem, due to the 
starved lubrication, is strongly affected by the placement 
and movement of minute quantities of lubricant, surface 
tension playing an important part in these small bearings. 
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DISCUSSION 


D. G. From (Missile and Space Division, General Electric Com- 
pany, Philadelphia, Pennsylvania) : 


This paper reflects a very careful and elegant design of experi- 
ments where precise and accurate results form the key to solving 
the problem. The critical nature of gyro performance, particularly 
in space applications, requires just such test procedures. 

If the author is free to disclose the materials which he used 
for the balls and for the races in his apparatus, this information 
would add significantly to the results. In line with this question it 
would also be helpful to know whether any characterizations of 
the ball and race materials were made prior to and following the 
rolling experiments. While the author has stated that failure did 
not occur as a result of fatigue, it would nevertheless be con- 
structive to know if any subsurface deformation occurred, and if 
so the extent of such deformation. Also the presence or absence 
of pitting is of interest. 

A critical part of the results of these measurements would ap- 
pear to revolve about the thickness of the lubricant film. This is 
clearly indicated by the author’s curves. I should like to ask 
whether or not the capacitance measurements were affected by the 
presence of wear debris in the track whenever such debris formed. 

Speaking from the viewpoint of a chemist, it would be of 
extreme interest to me to learn more about the nature of the 
varnish which was formed from the lubricant. This result may 
be related to the findings of Hermance and Egan (A/), and 
Campbell and Lee (A2). In both of those papers the formation of 
polymers in sliding contacts is described. The conditions are some- 
what different in that noble metals and gaseous environments were 
used. However, formation of the varnish in the present work by 
Horsch could have taken place by a similar means since it was 
accelerated by the absence of separators and by conditions which 
would allow the balls to shift position in the track, both of which 
conditions would give rise to sliding even if minute. 

It would appear that the apparatus as described in the author’s 
paper could be extremely useful for the study of rolling contacts 
beyond that of gyro applications alone. Combined with materials 
characterization and the study of the chemistry involved at the 
contact interface, the technique most certainly could produce 
useful and far reaching results. 
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Heinz Hanavu (Industrial Tectonics, Inc., 18301 Santa Fe Ave., 
Compton, California) : 


Mr. Horsch has set himself a very difficult task in trying to 
measure film thickness in an actual ball bearing under dynamic 
conditions. 

In studying the literature, one finds few, if any, such attempts 
reported, but several have measured the oil film thickness of 
two rollers in contact using X-ray techniques (Sibley and Orcutt), 
discharge voltage (Cameron and MacConochie) and capacitance 
(Lewicki), to mention a few. 

The X-ray technique will not lend itself readily to measurements 





in ball bearings; the voltage drop approach introduces the 
variation of electrical resistance of oils with pressure. 

Capacitance technique appears to be the most promising ap- 
proach. It has been shown (Bridgeman) that variation with 
pressure of the dielectric constant of oil is at most, only 20%. 
Even so, the major disadvantage in the capacitance measurement 
technique with ball-to-race contact is the variation of area as 
the rolling contact bodies are elastically formed. 

The author has carefully acknowledged the existence of these 
variables in interpreting capacitance measurements in terms of 
absolute film thickness. 

At 1000 rpm and constant load, shown in Fig. 12, the author 
treats axial bearing deflection due to elastic deformation as a 
constant, and that due to ball centrifugal force and heating as 
negligible. He then interprets @, as being a direct measurement of 
one quarter of the film thickness, arriving at a value of 7 x 10-6 
inch. This appears to be a reasonable conclusion. 

The estimate of film thickness of 10 x 10—® inch at 12,000 
rpm from Fig. 13, appears to be founded mainly on computed 
results rather than actual measurements, by the author’s own 
admission. 

The absence of any measurable film below 200 rpm is also 
reported by other researchers, both based on calculations and 
experimental measurements. 

Film thicknesses measured in other roller experiments have been 
reported between 10 and 40 xX 10~—® inches in the 150,000 to 
200,000 psi contact pressure range, showing good correlation with 
computed results and with those reported by the author. 

In order to find out the difference in film thickness between 
inner and outer race contacts and to correlate this with capa- 
citance, an experiment might be tried wherein one ball is rotated 
about a fixed axis against a rotating inner race and then against 
a rotating outer race. 

The paper gives an excellent qualitative description of the 
behavior of the oil film in a ball bearing and cautiously describes 
the limitations in making quantitative interpretations. 

The experimental techniques developed are excellent and should 
inspire further studies of the behavior of fluid films in rolling 
element bearings. 


L. B. Sistey (Research Laboratory, SKF Industries, Inc., Philadel- 
phia, Pennsylvania): 


This paper is a very comprehensive experimental study of gyro 
bearing lubrication, and many interesting effects are discussed. 
However, the author did not attempt to evaluate any of his 
postulated mechanisms quantitatively. It would appear that with 
the capacitance as it can be interpreted in terms of quantitative 
oil-film thickness, the torque as it indicates the heat input into 
the bearing, and the axial dimensional change, the complete 
operating geometry could be determined. Another easily determined 
experimental input for such an analysis would be the cage 
speed as measured by a magnetic pickup mounted close enough 
to the bearing to count the balls as they pass by. Cage speed, of 
course, is affected by the operating contact angles on the inner 
and outer races, as they in turn are affected by axial shift of the 
bearing rings. Such a geometrical analysis may help to eliminate 
some of the scatter in the correlation between capacitance 
measurements of film thickness and axial position shown in Fig. 4. 

I wonder if the lubrication of the cage pocket contacts might 
play a Jarge part in torque jog mechanisms. The author seems to 
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have shown that the bearing lubrication can be classified as 
starved, that is, there is not enough oil to completely fill the gap 
or to generate the film thickness capable of being produced hydro- 
dynamically. Under these conditions, as the author states, excess 
lubricant exuded out of the wear track can be stored along the 
edges of the wear track on both the balls and the races. When the 
ball track contacts the cage pocket surfaces, however, it seems 
likely that some of this excess lubricant could be wiped back into 
the track, or perhaps even some additional lubricant might be 
added to the track from the cage surface, in some instances 
causing a torque jog. The fiber laminated plastic material 
normally used for gyro cages may distribute lubricant to bearing 
surfaces in an erratic manner. In this regard, does the author’s 
comment on the life of cage-less bearings (time to excess varnish 
formation) not correlating with “the bulk lubricant oxygen 
stability characteristics” imply some mechanical function of the 
cage in distributing lubricant in the ball tracks? 

From Fig. 14 it appears that bearings that worked the best 
maintain a relatively constant equilibrium film thickness over 
most of their life, whereas failures occur when the film thickness 
drops below a certain critical level. As the film thins, of course, 
more relatively high energy asperity contacts occur, both at the 
rolling contact and the cage pocket sliding contact surfaces, 
which no doubt contribute to lubricant degradation. 

The author’s statement that continuous films were generated at 
all speeds above 200 rpm is of particular interest, since we have 
found similar behavior in electrical conductivity tests with a 
rolling 4-ball bearing. In addition, the statement made that the 
film existence as determined electrically was much more sensitive 
to speed than it was to load agrees with existing elastohydro- 
dynamic theories which show a very small variation in film thick- 
ness with load. In the speed range below 200 rpm in which 
intermittent electrical contact occurred, it is suggested that in 
addition to asperities or non-roundness of bearing components, as 
mentioned by the author, these electrical occurrences may be 
caused by dust particles or other solids in the oil which in 
this film-thickness range need only be a few hundredths of a 
micron in size. Such particles no doubt were present in the oil 
used by the author unless very elaborate precautions were taken 
to eliminate them. 

The lack of correlation between bearing torque and film thick- 
ness may not be too surprising if one considers the extremely thin 
oil films which even under the slight spinning action in these 
angular contact bearings cause very high shear rates in the oil. As 
shown in the experiments of Smith and recent calculations of 
Crook, the integrated friction over such contacts can vary quite 
widely and can be affected by film thickness and load to different 
degrees and in different directions, depending upon the operating 
conditions. 

The paper is a very informative account of ball bearing lubri- 
cation mechanisms and it suggests many ideas for further useful 
research in this area. 


AuTHOR’s CLOSURE: 


The bearings used for the test work were production bearings 
produced for spin-axis gyro use. These had 52100 races and 51100 
balls. Cross curvature measurements were made on several races 
before and after running to investigate possible deformation or 
wear of the ball track. This measurement was accomplished by 
centering the raceway cross curvature with the axis of a roundness 
measuring device and tracing across the race way using a one mil 
diamond stylus. The spindle of the roundness machine was accurate 


to one microinch and a one-half microinch displacement was 
readable. No changes in cross curvature or surface finish could 
be detected before and after operation. From the cross curvature 
measurements, it was apparent that no gross amount of wear or 
pitting occurred and, thus, the capacitance measurement of film 
thickness should not have been affected by wear particles. 

No intensive effort was made to determine the composition of 
the varnish found in the bearing. It is possible that the varnish 
formation found in the gyro bearing and the polymer formed at 
sliding contacts reported in the references given by Mr. Flom are 
similar. 

It should be pointed out that gross sliding takes place between 
the balls and separator in a normal bearing. The separator tends 
to either drive or be driven by the balls, causing a slight amount 
of creep between the balls and races. Thus, the amount of sliding 
does not appear to be the important parameter for the gyro 
bearing. The reason for an increased rate of varnish formation in 
a separatorless bearing is due to a change in the lubrication of 
the bearing by the presence of the separator. The porous separator 
holds about ten times the lubricant present in a separatorless 
bearing. In addition, a bearing having a separator, either a porous 
or solid construction, tends to maintain a thicker film. The rate 
of varnish formation has been shown to correlate inversely with 
film thickness, Fig. 14. 

A varnish can be formed even though the complete film of the 
lubricant exists. Periodic observation of the 70 KC carrier wave 
indicated that no asperity contacts were occurring, even in the 
critical zone indicated by Fig. 14, the film thickness still being sev- 
eral times the nominal peak to peak surface finish in this critical 
zone. The gyro film has large pressure gradients and shear 
stresses imposed upon it. The shear stress which exists in both 
sliding and rolling contacts may be the critical requirement for 
the formation of varnish. 

If the bearing was operated such that only a partial film 
formed due to insufficient lubricant or low speeds, the rate of 
varnish formation was greatly increased. Varnish formed from 
all lubricants tested, including inorganic compounds such as 
the silicones. Varnish also formed when solvents were used as the 
lubricant. Traces of varnish were found when so-called “clean”, 
unlubricated bearings were run. These observations do not 
disagree with those reported for the sliding contact. If the 
varnish formation in sliding and rolling contacts are similar, this 
suggests that varnish must be being formed in many lubricated 
devices although the amounts may not be significant. The simpler 
sliding devices might allow a more comprehensive study to deter- 
mine what basic relationships and mechanisms are involved in these 
processes. 

Film thickness was determined by two simultaneous, but in- 
dependent measurements, capacitance and the axial dimension 
(9). To become a measure of film thickness, these had to be 
properly modified; the capacitance by subtracting the stray, 
and the axial dimension by eliminating elastic, thermal, and 
centrifugal effects. The film thickness as measured by capacitance 
could be determined at all operating conditions. On the other 
hand, the axial dimension was easily interpreted as a film thickness 
measurement at low operating speeds, but at high speeds, indirect 
methods were used to obtain film thickness, primarily because of 
thermal effects at the higher speeds. This does not infer that film 
thickness was not experimentally measured by the axial dimension 
at the higher speeds; only that the measurement was not ob- 
tained directly is inferred. 

The speed of 200 rpm quoted for complete film formation was 
a typical minimum speed for which no shorts appeared on the 
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70 KC carrier wave. Below this speed, some shorting occurred, but 
capacitance was measurable well below this complete film 
formation speed. There was a _ considerable spread between 
bearings as to the minimum speeds at which measurable and com- 
plete films existed. In addition, these speeds were dependent on 
load, lubricant, lubrication, ambient temperature, etc. 

Complete films existed below 100 rpm in some _ bearings 
operating with standard load and lubricant, the measurable film 
existing to below 75 rpm. The gyro bearings tested had surface 
finishes considerably better than most other rolling contact de- 
vices including most experimental test rollers which have been 
reported. 

The values given for film thickness are considered only as 
typical numbers. A unique solution for film thickness is not 
possible for the gyro bearing by specifying the speed, load, 
lubricant properties, ambient temperature, etc. Due to the 
“starved” lubrication, the film thickness is also a function of the 
available lubricant. This quantity of available lubricant is a com- 
plex function of many factors including past operating history. 
For example, 10 microinches film thickness is a typical value im- 
mediately after start up. This value decreases, see Fig. 14, until the 
film is more nearly 5 microinches and is less than 5 microinches 
near gross varnish failure. Most film thickness transients are 
changes of about one microinch or less, but many have been seen 
which are greater than 5 microinches. By flooding the bearing, 
the film can be increased to at least 20 microinches. Thus, in 
the gyro, the quantity of available lubricant is the predominate 
factor related to gyro bearing performance; the solution to the 
stability problem being directly dependent on controlling the 
quantity of available lubricant. 

While the separator or cage strongly modifies the available 
lubrication in the bearing, the separator presence is not necessary 
for the occurrence of varnish or bearing jogs, more properly 
referred to as film thickness jogs. The film thickness measurements 
and relationships discussed are not a property of the separator. 
The importance of the separator, which for these bearings is 
more properly called a lubricator, is its influence in determining 
the quantity of available lubricant and thus film thickness, jogs, 
and varnish formation. There are several mechanisms which cause 
changes of the available lubricant and thus jogs, the separator 
being involved in some of these mechanisms. It is possible to make 
a major improvement of the spin-axis bearings by constructing 
the separator from a material that will keep the available lubricant 
at a constant level. 

Separator speed was experimentally measured and _ included 
in a geometrical analysis of the operating bearing, programmed 
on a computer. In addition, other speeds, such as the ball’s 
rotational speed about its own axis, were measured and included 
in the analysis. Besides the basic bearing geometry and operating 
conditions of load and speed, this program included elastic 
deflections, centrifugal forces on the balls, a separate film at 
each race as an arbitrary input, a distinct uniform temperature 
of each component as arbitrary inputs, and the angle of the ball 
spin vector as an arbitrary input. 


This analysis could be used to study effects from changes of the 
operating parameters but could not accurately interpret the 
minute bearing transients occurring during jogs, except as 
discussed for the ratio of 6; to h. Experimentally, the effective 
temperature of each component could not be accurately determined 
and the two films could not be separated. In addition, geometrical 
errors such as race non-roundness were much larger than the 
effects being measured. A rigorous comparison of the geometrical 
analysis with a 4 microinch change of @ which is about a 1 
microinch film thickness change, a common sized jog, in a bearing 
having geometrical errors greater than ten microinches, does not 
seem reasonable. 

Separator speed was sensitive to any slight change of bearing 
operation including jogs, but could not be used to interpret jogs. 
Separator speed was measured by counting the number of balls 
passing a capacitive pickup during a fixed number of bearing rota- 
tions. The maximum change of separator speed for most jogs was 
less than one part in 104, requiring counting of the order of 105 
balls or about one minute of counting time at 12,000 rpm opera- 
tion which averaged out most of the significant detail required 
for an analysis. 

The torque or energy dissipation in the bearing is not totally 
from the load carrying area and thus would not be expected to 
necessarily correlate with this area. An interesting observation for 
constant load operation was that the torque had a vague inverse 
correlation with the film thickness measurement / for slow 
changes of film thickness, a two-to-one decrease of A having of 
the order of a ten percent increase of torque. During jogs, the 
torqué generally increased with an increase of film thickness. 
Remembering that the load remained constant, this relationship 
is difficult to explain on the basis of the load carrying area only. 
Some ‘insight can be gained by observing the changes of torque 
when the bearing was flooded. The normal bearing had a torque 
of about 15 gr-cm, but when flooded, the torque increased to 
greater than 500 gr-cm. This large torque increase apparently 
was from the wedges (see Fig. 16), formed under flooded condi- 
tions. When a lubricant was used which had approximately a ten- 
to-one reduction of viscosity, the torque under flooded conditions 
was more nearly 50 gr-cm and about 8-10 gr-cm under normal 
lubrication. These relationships suggest a torque contribution from 
outside of the load carrying area during the bearing jogs. 

The film measurements should be applicable to other types of 
bearings, but many of the conclusions drawn probably are not 
directly applicable to other bearings. The minute axial shifts 
which are a fundamental problem of the gyro bearings are 
insignificant in most bearing applications and probably do not 
even occur in a well lubricated bearing. The term “wear track,” 
which may be appropriate for most bearings, is a misleading 
term for the ball track of the lightly loaded gyro bearings. 

Thus, the gyro spin-axis bearing is unique in many respects: 
the high degree of geometrical accuracy, the excellent surface 
finish, the method of lubrication, the elaborate precautions taken 
to keep the bearing free from contamination, and the performance 
required from the bearing. 
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Radioisotopes Applied to Lubrication Problems of 
Inertial Gyro Bearings’ 


By W. J. MAYER,!' W. H. LANGE,? and T. F. CONNERS* 


One of the most critical components of inertial guidance systems are the angular contact bearings 
of the gyro. The performance of these bearings is, in turn, critically dependent upon their lubri- 
cation, which must be derived from oil impregnated ball separators. 

Radioisotopic techniques have been applied to the study of the impregnation and bleedout 
characteristics of separators from gyro bearings of two guidance systems. These methods were 
preferred over conventional techniques because of their relative ease and the great sensitivities 
provided. Autoradiographic and radiometric analyses were successful in determining the spatial 
distribution and the bleedout rates of impregnated oil in the various separators. This information 
is being utilized in the development and evaluation of new separator materials. 


Introduction 


Rocket and missile technology has brought forth ex- 
tensive development in inertial guidance systems. The ball 
bearing plays an important role in the performance of 
these systems. The problems associated with these bear- 
ings are not the usual ones of fatigue and long life under 
heavy loads; rather, the problem of extremely small 
torque changes is of utmost importance. The possible 
causes of torque changes are foreign material, varnish 
due to deterioration of the lubricant, imperfect bearing 
geometry or misalignments, and malfunctions of the 
lubricant system. 


In gyro applications, the usual methods of bearing 
lubrication are not feasible. The current practice involves 
filling the porous structure of the ball bearing separator 
with lubricant. Malfunctions may result from starvation, 
an overabundance, or an irregular release of the oil from 
the separator to the other bearing components. The 
separator should supply lubricant at a slow and even 
rate to preclude sudden torque changes often referred to 
as jogs. The supply and total amount of lubricant must, 
however, be minimized to prevent the loss of lubricant to 
other gyro components which could cause an unbalance 
condition. Data regarding the qualitative aspects of filling 
and the bleedout characteristics of oil impregnated 
separators are important in the development and evalua- 
tion of the system and its components. 


Two different size bearings were studied in this investi- 
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gation, since it was important to check spatial distribu- 
tion and bleedout of oil in two inertial gyro systems. Both 
systems, however, contained similar bearings, i.e., angular 
contact, with phenolic-cloth separators. One size is a 
modified R4 bearing, the dimensions being 5 inch di- 
ameter, 4 inch bore and 345 inch diameter balls (total of 
nine). The other bearing is usually designated as a 
modified LOO bearing, being 1.0 inch diameter, 0.394 inch 
bore with an eight-ball compliment of *4,¢ inch diameter. 

In one phase of this isotope application, the plan was to 
subject separators to the standard oil impregnation 
procedure but with a radioactive tag added to the oil. 
Autoradiograms would then be made from thin slices of 
the separator material to determine the qualitative 
distribution of oil. The questions to be resolved were: (a) 
does the separator impregnate completely, (b) is the im- 
pregnated oil evenly distributed and, if not, (c) which 
fibers are impregnated and to what extent. 

A second study involved operating radioactive oi] im- 
pregnated separators in gyro bearing test fixtures to de- 
termine the release of lubricant with time. 


Procedures and results 
RADIOACTIVE O1L IMPREGNATION PROCEDURE 
AND AUTORADIOGRAPHIC RESULTS 


The procedure for impregnating separators with radio- 
active oil was as follows: the separators were first vacuum 
baked for 18 hours at 180 F to remove traces of moisture. 
They were then weighed, placed in a vacuum chamber 
and covered with 10 ml of gyro spin axis oil.5 The 
chamber was evacuated through a cold trap with a 





5 The gyro bearing lubricating oil is manufactured from a 
conventionally refined paraffinic stock and has the following 
characteristics: Viscosity, 15.18 centistokes at 210F, and 157.6 
centistokes at 100 F; viscosity index, 104; density, 0.883; pour 
point, 15 F; flash point, 500 F and contains an oxidation inhibitor, 
a rust inhibitor, and an oiliness agent. 
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vacuum pump. A thermocouple vacuum gauge was also 
inserted in the line. The only variation of stasdard 
separator impregnation procedure was the addition of the 
radioactivity to the lubricant. To 10 ml of the oil, ap- 
proximately 50 mg of radioactive antimony triphenyl were 
added. This material is readily soluble in the oil and 
remains with it as a tracer. The radioactive constituent 
was antimony-124 with a 61-day half-life (1). The anti- 
mony triphenyl was irradiated in the Argonne National 
Laboratory reactor to produce 25 millicuries of Sb'** 
(CoH;)3. The irradiation also produces some antimony- 
122 with a 2.8-day half-life which is significant if the 
material is used within a month after irradiation. The 
separators were impregnated with the radioactive oil by 
keeping them under vacuum (15 «) until bubbling ceased, 
usually taking one-half to one hour. The separators were 
then removed, allowed to drain and centrifuged for 10 
min at 400g according to standard practice. Separators 
impregnated under these conditions took up from 2.5 to 
3.5 mg of oil in the case of the small R4 size and 30—50 
mg in the larger LOO size when properly impregnated. 

A number of techniques were investigated to obtain 
thin slices of impregnated separators. The most satis- 
factory procedure involves embedding the separator in a 
hard dental inlay casting wax and slicing with a sledge 
type microtome. To produce autoradiograms which would 


map the location and extensiveness of impregnated oil, it 
was necessary to obtain slices thick enough for uniformity 
of section (without missing thread sections, etc.) and to 
contain sufficient radioactivity for detection while at the 
same time thin enough to ensure reasonable resolution on 
the autoradiographic emulsion. The optimum thickness 
appeared to be about one and a half thousandths of an 
inch. Touching a piece of transparent adhesive tape 
lightly to the surface of the specimen-wax block and lift- 
ing as the block passed under the knife made it possible 
to obtain whole flat sections. Final preparation for auto- 
radiography was made by securing each specimen to a 
1 in. X 3 in. microscope slide. These were then placed, 
eight at a time, in contact with 4 in. & 5 in. metallographic 
plates for about 16 hr. Standard photographic processing 
of the plates then produced the autoradiograms. 


Representative autoradiograms are shown in Figs. 1 
and 2. These are positive enlargements of the originals so 
that white images indicate the presence of radioactive oil. 
Included with the autoradiograms in Figs. 1 and 2 
are “shadowgrams” of the original specimens from which 
the autoradiograms were made. These were made by pas- 
sing the light beam in an enlarger through the specimen 
section, tape, etc., onto a photographic paper. The re- 
sultant pictures were used as aids in the interpretation of 
the autoradiograms. 





Fic. 1. Autoradiogram (left) and “shadowgram” (right) of section number 11, from R4 size bearing separator. 
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When microtomy was considered as a possible tech- 
nique for the study of spatial distribution of the oil, 
there was some concern about the possible smearing of 
the oil during the slicing operation. Experiments were 
set up for slicing separators employing freezing techniques 
and also for processing the films under refrigeration. No 
difference was detected between the method used here 
(essentially room temperature conditions) and freezing 
conditions. Moreover, examination of the autoradiograms, 
Figs. 1 and 2, indicate sharp detail and good resolution 
that would not be possible if the oil had oozed out of the 
fibers or had been smeared on the specimen by the micro- 
tome knife. 

Using prints of a large number of autoradiograms and 
“shadowgrams,” and keeping in mind the manner by 
which separators are fabricated, interpretation of the 
autoradiograms was not difficult. The separator is made 
by wrapping a phenolic resin impregnated cotton woven 
cloth around a mandrel to produce a long tube. This tube 
is then sliced from end-to-end to produce rings. Drilling 
holes through these rings towards their centers produces 
the ball pockets. The finished separator then contains 
both circumferential and axial cloth fibers. All of the 
axial fibers are severed and exposed at the top and bottom 
horizontal surfaces when each separator is cut from the 








Radioisotopes and Inertial Gyro Bearings 127 


tube. Drilling of the ball pocket holes severs and exposes 
some of the circumferential fibers. 


Examination of consecutive slices of separators revealed 
the following information concerning oil impregnation: 
(1) There is a comparatively great amount of residual 
surface oil as illustrated by the bright image at most 
surfaces in Figs. 1 and 2. (2) Virtually all axial fibers 
are oil impregnated, although nonuniformly (dots of white 
in Fig. 1), but only to a depth approaching the ball 
pockets. (3) Circumferential fiber impregnation was ob- 
served only in sections in the region of the ball pockets. 
The wetting with oil of the circumferential fibers in these 
areas is not complete or uniform. On the average, two or 
possibly three strands contain oil completely through a 
segment of separator material between ball pockets (see 
the wiggly white lines in Fig. 2). 

Further corroboration of gross oil segregation was ob- 
tained by an experiment involving machining of a radio- 
active oil impregnated separator. Thousandths of an inch 
increments of separator were removed from the peripheral 
surface. The chips of separator formed in this operation 
were collected in a liberal supply of grease on the cutting 
tool so that the grease and the chips could be removed 
with a cotton swab. Each swab with its chips was then 
placed in a glass counting vial and analyzed radio- 





Fic. 2. Autoradiogram (left) and “shadowgram” (right) of section number 27, taken at level of ball pockets, from same 


separator as Fig. 1. 
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metrically. The samples were counted in a Nal (TI acti- 
vated) well-type scintillation counter as were appropriate 
standards. The standards were measured aliquots of the 
prepared radioactive oil. The weight in micrograms of oil 
in any sample was calculated by dividing the count rate 
of the sample by the specific activity of the standard. 
This same analytical procedure was followed in deter- 
mining weights of oil in the bearing oil bleedout tests. 
The data from this study are plotted in Fig. 3. It is 
evident that the outermost surface of the separator con- 
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Fic. 3. Quantitative data on oil impregnation obtained by 
separator machining and counting techniques. 


tains the largest amount of oil and that the amount of oil 
in each succeeding increment decreases rapidly toward the 
interior of the separator. Face-end cuts were also made on 
the separator. These data are likewise shown in Fig. 3. 
It is evident that in this cutting operation most of the oil 
also appears near the original surface. 

The study of impregnation quality was extended to 
two types of ball bearing separators in the LOO bearing 
size. The one separator type was the common separator 
material and the other was similar but was made with 
a coarser, heavier woven cloth. 

In the study of R4 separators, some difficulty was ex- 
perienced in cutting whole and uniformly thick slices. 
The problem was present to an even greater degree with 


the larger separators. Because of their hardness and their 
circular configuration, some movement of separator ma- 
terial took place as the specimen was driven under the 
sledge-type microtome knife. Although few complete sec- 
tions were obtained there were sufficient sections contain- 
ing areas of uniform thickness to make an analysis of 
the impregnation. The interpretation of the autoradio- 
grams under these conditions must be based not only 
on the autoradiographic image but also on an inspection 
of the section from which it was made. 

A total of five of the larger separators, two of the 
standard material and three of the coarser material, were 
studied by this procedure. Examination of the autoradio- 
grams revealed the following: 

Standard separator material. The results are similar to 
those obtained in the R4 tests with some notable excep- 
tions. Axial fibers were consistently impregnated but in a 
less uniform manner. No circumferential fibers were im- 
pregnated even in the ball pocket areas which in this case 
show extensive axial fiber impregnation. The circum- 
ferential layers of separator material are quite well de- 
lineated in these specimens by the circumferential fibers 
which are void of oil. Typical autoradiogram examples are 
shown in Fig. 4. 

Coarse weave separator material. Results again are 
similar to those of the common separator material with 
some differences. Again, there was no evidence of cir- 
cumferential fiber impregnation even in sections taken 
through the ball pocket area. Axial fiber impregnation 
was observed to be erratic and irregular. More areas were 
seen indicative of concentrations of oil due probably to 
the greater porosity of these separators. Autoradiogram 
examples are shown in Fig. 5. One separator of this ma- 
terial was given a several hour extended soak in the oil 
before sectioning, but the quantity and quality charac- 
teristics appeared to be unaltered. 


DESCRIPTION OF Gyro BEARING TEST EQUIPMENT AND 
MEASUREMENT OF OIL BLEEDOUT FROM SEPARATORS 


Two oil bleedout experiments were conducted to deter- 
mine the oil bleedout from operating R4 size bearings. 
The bearings were run in a gyro bearing test dynamom- 
eter but without the usual controlled environment. 

The separators were impregnated with oil containing 
radioactive antimony-!24 triphenyl as in the impregna- 
tion experiments. In the first test an impregnated separa- 
tor was placed in an otherwise completely oil free bearing. 
This bearing was then assembled in the test dynamometer 
and operated at 12,000 rpm. This dynamometer consisted 
of a synchronous hysteresis motor and was driven by a 
400 cycle power supply. The preload was supplied by a 
spring washer to simulate usual gyro bearing loading. 
The test machine was stopped after 1, 3, and 8 hr (cumu- 
lative running time 12 hr) and the bearing parts and 
dynamometer assembly were analyzed for oil bled from 
the separator in the same manner as described previously. 
After each analysis the bearing parts were cleaned of 
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all bled-out oil so that this test was run under conditions 
conducive to maximum oil bleedout, i.e., all the metallic 
parts were dry. 

In the second oil bleedout test the separator was im- 
pregnated with radioactive oil as before. However, the 
test bearing (races and balls) was assembled with a 
dummy separator, dipped in nonradioactive oil and centri- 
fuged at 400g for 15 min. This bearing was then carefully 
reassembled with the radioactive oil impregnated separa- 





tor and operated for various periods of time in the dy- 
namometer. Analyses were again made of the bearing 
parts, but in this case care was taken in the reassembly of 
the bearing so that the oil on the metal surfaces was not 
disturbed. 

The data from these two tests are plotted in Fig. 6. 
In each case the data appear to follow the logarithmic 
curve y = at" where y — bleedout in micrograms, t = 
time in hr, and a and » are constants. The value of the 


Fic. 4. Autoradiograms of various sections from standard material separator, LOO size. 
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constants was obtained from the data. It is seen that the 
curve of the bearing which had oil-wetted races differs 
significantly from that where the metallic components 
were not wetted. Actual bleedout data fall approximately 
on the curves determined by points calculated using the 
bleedout equations. 

A total of four oil bleedout experiments were conducted 
to determine the oil bleedout from LOO size separators. 
These bearings were run in a gyro bearing test dyna- 


mometer under gyro bearing conditions, i.e., in a con- 
trolled environment, to conform to preferred test pro- 
cedures. A cutaway drawing of the test fixture is shown 
in Fig. 7. In this text fixture the gyro wheel contains 
two bearings and a spacer. The fact that two bearings 
are needed to operate the gyro wheel caused considerable 
complication in the interpretation of some of the results. 
In all tests, one bearing contained a separator that was 
impregnated with oil containing a trace of antimony-124 





Fic. 5. Autoradiograms of various sections from coarse weave material separator, LOO size. 


ey 








con- 
pro- 
own 
ains 
ings 
able 
ults. 
was 
-124 




















70 
DRY RACES 
60 = 
eT 
ro) 
5 RACES WET WITH OIL 
wn 40F- 
9 
= y= 33.6007 
So 
S 
i. 4 
4 
: | 
»a— © = calculated points from equation 
«= actual data points 
107 — 
ee? ee Te ee ee ee ee 
2 4 6 8 0 12 
TIME (HOURS) 
Fic. 6. Bearing oil bleedout in R4 size bearings with wet and 
dry races. 


triphenyl. This bearing was designated the “A” bearing 
and its position in the gyro fixture is shown in the figure. 

Since radioactive tagged oil was desired in the “A” 
separator only, a film of non-radioactive oil had to be 
deposited on the other bearing parts. The radioactive 
separators were prepared independently as described pre- 
viously, and the preparation of the “A” bearing followed 
the same procedure as the second oil bleedout test using 
the R4 type bearing. The ““B” bearing was assembled in 
the same way except that the separator was impregnated 
with non-radioactive oil. 
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Cutaway drawing of gyro bearing test fixture. 
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The “A” and “B” bearings were then assembled into 
the gyro wheel and the wheel in turn was assembled 
into the test fixture. The fixture was spring-loaded to 
provide 100,000 psi Hertzian stress on the bearings. The 
test fixture was placed in a preheated vacuum oven which 
was evacuated and flushed with helium and finally charged 
with helium to slightly greater than 1 atmosphere. The 
temperature of the oven throughout the tests was 160 F. 
The motor of the bearing test fixture was a synchronous 
hysteresis type, 2 phase, 45 volts per phase and operated 
at a frequency of 400 cycles per second. Under the proper 
operating conditions this motor would go into synchroni- 
zation at approximately 12,000 rpm. The design of the 
test fixture was such that the bearings operated with 
outer race rotation. 

The bearings were operated for various lengths of time 
up to periods of 100 hr (cumulative). At the termination 
of each test interval, the motor was stopped and the 
bearings and test fixture completely disassembled. Oil 
that had migrated from the bearings to other parts of 
the fixture was carefully collected on cotton swabs. The 
swabs were placed in glass counting vials and analyzed 
for activity in a Nal (TI activated) well-type scintillation 
counter. The oil on the bearing parts was counted in the 
same manner, but care was taken not to disturb or remove 
this oil. 

Data from the tests, one standard separator and one 
coarse weave separator, are shown in Fig. 8. In general, 
the pattern of oil bleedout from the separators was simi- 
lar. The data again appear to follow the logarithmic 
curve y = at" where y is bleedout in micrograms, ¢ is 
time in hr, and a and » are constants. The values of the 
constants were obtained from the experimental data. Us- 
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ing this equation, oil bleedout was calculated for various 
times throughout the test. To obtain the rate of oil re- 
lease from an impregnated separator, it is necessary to 
differentiate the equation for the oil bleedout (y = at"). 
It is evident that the rate of oil release is large initially 
and diminishes quite rapidly throughout the operating 
period. 


Discussion 


The results of the oil spatial distribution studies indi- 
cate (1) that the separator fibers do not completely im- 
pregnate, and (2) that the oil adheres to the surface 
of the separator and to some extent in holes or recesses 
of the plastic material. In the separators studied by this 
method the axial fibers near the surface of the separators 
appear to impregnate more completely than those in the 
interior body. This may be due to separator fabrication 
since fabrication cutting operations expose the ends of 
axial fibers. These exposed ends act as wicks and take 
up oil to various depths. On the other hand, the circum- 
ferential fibers are not very well impregnated. Only in 
the ball pocket region are the open ends of these fibers 
exposed to oil. Even here, very few fibers take up oil 
and this occurs only in the small R4 size. Such action 
would seem to indicate that the drilling of the ball 
pockets may smear the plastic in such a way as to cover 
the exposed fiber ends and thereby interfere with the 
oil uptake. In the experiments conducted in this study 
the standard weave material was compared with a coarser 
weave, the plastic being similar in both cases. In general, 
the results of these tests indicated that the fibers were 
not impregnated to the extent that good performance 
characteristics for bleedout could be obtained. In addi- 
tion, two types of plastic impregnated papers have been 
studied with standard bearing oil containing antimony- 
124 triphenyl. These studies, however, have indicated 
that the standard separator material is superior to the 


substitutes since the uptake of oil by the paper was ex- 
tremely limited. 

The spatial distribution of oil is important to the 
extent that it influences bleedout characteristics. It would 
appear that the objective of good gyro lubrication should 
be a small but constant rate of oil release from the separa- 
tor to the bearing. It is very important from the stand- 
point of gyro performance that there is no sudden release 
of oil from the separator. If this should occur, the rela- 
tively large amount of oil in the ball track results in a 
torque change in the bearing that is deleterious to gyro 
performance. This phenomenon is known as a “jog” and 
can be detected in gyro bearings by sensitive milliwatt 
measurements. The way in which the oil is segregated 
in the separator would indicate that conditions exist that 
could easily lead to “jogs.” Also the measured bleedout 
of oil with time is not linear. All of the data obtained 
thus far indicate that the bleedout is high initially and 
gradually levels off. It is difficult to account for this 
phenomenon. Some possible explanations are (1) the oil 
is thrown off by centrifugal action, (2) the oil may be 
scraped off the surface of the separator by the mechanical 
action of the balls in the separator pockets, or (3) there 
is an initial insufficiency of oil on the bearing metal 
parts and this leads to an adsorption phenomenon between 
excess oil on the separator and the bearing surface. This 
problem has not been resolved. 

Finally, a few comments about the choice of a tracer 
for these experiments should be mentioned. Antimony 
triphenyl was chosen because antimony-124 has a fairly 
long half-life and a moderately energetic gamma ray. This 
facilitates the radiometric analysis of the oil on the bear- 
ing parts. It could be argued that this tracer is selectively 
adsorbed by the separator and that it does not trace the 
oil since the separator is acting like a chromatographic 
column. However, it could likewise be argued that the 
antimony triphenyl is a fairly stable molecule with a 
high degree of resonance and appears to be hydrocarbon- 
like in its behavior. Therefore, it is felt that the tracer 
is tracing the hydrocarbon portion of the oil. The role 
of the various oil additives is unknown in gyro lubrica- 
tion problems, and the chemistry of the bearing metal- 
additive reaction may be of utmost importance. Experi- 
ments are being contemplated in a continuing study, us- 
ing tagged (C-14) additives to determine their function 
but the radiometric analysis will be difficult. 
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“re Initial Experiments with a Ball Bearing Simulator 
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iat. A test rig called a Ball Bearing Simulator (BBS) was developed to investigate the causes of 

z failure of a specific gyro spin-axis bearing. However, its construction is such that it can be 

ma readily adapted to the study of other similar applications and “lubrication failures” in general. 

gyro The device is basically a three-ball thrust bearing with flat disc races. One race is motor driven 

and and the other is restrained from turning by a torque indicating system. The balls are constrained 

watt by a third disc supported in miniature bearings. Bushings of any desired cage material are 

ated pressed into three equispaced holes in the cage disc. 

that This arrangement makes it possible to simulate many parameters of ball bearing performance 

dout while the simple shapes and flat surfaces permit economical replacement of test parts of many 

ined materials and finishes using only simple tools. 

and Initial experiments are described in which qualitative correlation has been established between 

this BBS life and the bench test life of several products with a number of lubricants. 

e oil 

y be 

nical Introduction While this view of the situation may seem facetious, no 

here As man’s horizons have expanded, his environments have one would argue against the desirability of valid short- 

1etal changed. One result is that an increasing number of ball time tests. In fact, the yearly crop of new test rigs can be 

veen bearings are being used under conditions where they no partly explained by this need. The problem lies in the 

This longer fail by the classical fatigue of raceway metal, word “valid.” Every test produces results; the question 
which is the basis of handbook life values. Such factors 18: what are they worth in terms of predicting behavior 

‘acer as high speed, high temperature, and marginal lubri- under a given set of conditions? Any test can be 

10ny cation lead instead to what are generally termed shortened by making the conditions more severe, i.e. by 

airly “lubrication failures.’ While such failures can take increasing the load or speed or temperature. But, how 

This many forms, depending upon the nature of the lubri- does this affect validity? 

ear cant and the relative strengths of the causative factors, The present paper presents yet another test rig. It was 

vely they have a common characteristic—the inability designed to investigate the causes of failure of a particular 

the of the lubricant to perform its hydrodynamic or lubricity spin-axis gyro bearing. However, its construction is such 

phic functions as a result of depletion or changes in its proper- that it can be readily adapted to the study of other 

the ties. The usual result is increased or erratic friction fol- similar applications. In fact, the ease with which this can 

th a lowed eventually by catastrophic failure. The stage in be accomplished is one of its major assets. It produces 

bon- this process which constitutes failure depends, of course, results in a short time and in these initial experiments it 

acer on the requirements of the application. has qualitatively ranked several lubricants in the same 

role Where lubrication failures are caused by conditions order as (a) gyro bearing, and (b) a computer memory 

rica- which must be lived with, they can no longer be con- drum bearing. 

etal- sidered “premature.” They must be accepted as bonafide 

deri- failures with laws of their own. What these laws are Apparatus 

, US- might be determined by a program of controlled testing The BBS (Ball Bearing Simulator), Fig. 1, is basically 

‘tion in which the variables are changed one at a time. But the a ball bearing in its simplest form, a three ball thrust 
number of variables which may contribute is formidable, bearing with the grooved races replaced by flat discs. 
and in the absence of an overall theory, every one is sus- Figure 2 is a section view of the working core showing 

# pect. On a basis of five tests per variable, seven variables the upper and lower discs and the arrangement of the 

neral would require 78,000 tests. To conduct even this limited balls and cage. In operation the lower disc is motor 

work program in the usual spindle test fashion would (with driven and the upper disc, which forms part of the dead 

due ten spindles and an average running time of 1000 hours weight load, is restrained from rotating by a calibrated 

the per test) require about 900 years. torque spring. 

send Presented as an American Society of Lubrication Engineers The ball complement consists of three balls which -— 
paper at the Lubrication Conference held in Pittsburgh, Penn- constrained by a separator disc with three equispaced 
sylvania, October 16-18, 1962. holes. Each hole is fitted with a cage bushing of any 

fable 1 Senior Materials Test Engineer, Sperry Gyroscope Company, desired material. The separator disc is supported by two 
Great Neck, New York. small ball bearings mounted in the body of the lower 
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Fic. 1. Ball Bearing Simulator (BBS) 
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Fic. 2. Cross section through the working core of the BBS 


disc holder. This holder, in which the lower disc is seated, 
is itself supported by two larger sealed bearings and is 
driven by the motor through a flexible coupling. The 
upper disc holder is centered, but not supported, by a 
single small ball bearing mounted on the top end of the 
separator spindle. The upper disc is seated in this holder 
and together they constitute the bulk of the dead weight 
load. 
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The running torque of the whole arrangement is meas- 
ured by the angular rotation of the upper disc holder 
from the zero torque position of the calibrated spring. 
This angle is indicated in degrees on a rotatable circular 
scale by a pointer attached to the upper holder. Two elec- 
trical contacts, one attached to the pointer and the other 
adjustable along the scale, actuate a relay when they 
touch. The relay shuts off the test, and a timer in the 
circuit records “BBS life.” This occurs when the torque 
increases by an amount equivalent to the preset angular 
separation of the contacts. Oscillation of the upper 
holder, which might cause premature shutoff, is prevented 
by mechanical damping. This is effected by a pair of 
vanes attached to the upper holder and extending down- 
ward into a circular tank of a viscous silicone fluid. 


The upper disc is electrically insulated from the lower 
disc so that current flowing between them must pass 
through the ball-race contacts. By measuring the elec- 
trical resistance between the upper and lower disc, in- 
formation regarding the lubricant film at the race 
contacts can be obtained. The torque spring serves as 
one electrical lead. The other is provided by the drive 
motor shaft, which dips into a mercury cup at its lower 
end. 

The entire mechanism, with the exception of the drive 
motor, is contained within a bell jar so that atmosphere 
and temperature can be controlled. Temperature is 
maintained by a shell type thermoregulator which con- 
trols a tubular heater that nearly surrounds the damping 
tank. A fan blade attached to the lower disc holder 
provides circulation and uniform temperature distribu- 
tion. The metal apron of the upper disc holder also helps 
to average out thermal variations. 


ADVANTAGES 


The BBS, as constituted, is similar to a spindle test 
set-up in many respects. It consists of a wall bearing, a 
drive motor, loading means, torque measuring means, and 
all of the other auxiliary equipment necessary for con- 
trolled testing. The difference lies in the form of the test 
bearing employed in the BBS. Its large size and reduced 
complexity make it easy to assemble and disassemble. 
Its flat disc races, simple-shaped cage bushings and 
readily obtainable balls make it possible to change 
materials, finishes, etc. at low specimen cost. The same 
features enhance visual and microscopic examination and 
photography of ball tracks, residues, contaminants, etc. 

Figure 3 shows a series of ultraviolet photographs of 
the upper disc ball track made at intervals during a 
grease life test. It had been predetermined that the oil in 
this particular grease would fluoresce, but that the soap 
would not. The gradual disappearance of fluorescence as 
the life test progressed is evidence of changes in the 
properties of the oil, or its depletion. It is interesting that 
the point of torque-designated failure coincided with the 
nearly complete extinction of fluorescence of the ball 
track. 





Sse’ 





aie SS SS (2 (SS 


Ww ( CD —s (2 WwW CD 


“— we 


—_—_— PY oF 


baat 


we EO et 


a— ( Ff (F WY = SF FH 





Ball Bearing Simulator 1; 


w 
uw 





Start 


40 hrs 





105 hrs 


Failure (164 hrs) 


Fic. 3. Series of ultraviolet photographs of the BBS upper disc ball track made at intervals during a grease life test 


In addition to ease of observation and ease of changing 
both materials and operating conditions, the BBS has 
several features which suggest that better reproducibility 
of results may be attained than is the case in tests using 
standard ball bearings. The flat surfaces of the discs are 
easier to generate than race grooves of a_ specific 
curvature. This plus the absence of close conformance 
between race and ball may provide more precise control 
of contact area dimensions and compressive stress from 
test to test. The use of three balls divides the dead weight 
load evenly and provides a milk-stool stability. 


SIMULATION OF THE OPERATING CONDITIONS OF A 
Gyro BEARING 


While the flexibility of the BBS has permitted it to be 
adapted to the study of other bearing applications, it was 
initially designed to investigate the causes of failure of a 
particular high speed spin axis gyro bearing. In at- 
tempting this, the load and speed of the BBS were ar- 
ranged to simulate, as nearly as possible, the conditions 
existing between the ball and outer race of this bearing. 
The outer race of the gyro bearing rotated at 12,000 
rpm under a 2 pound axial load. The ten 1/16 inch 
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diameter balls operated on a 0.344 inch diameter pitch 
circle with a contact angle of 28 degrees under load. Inner 
and outer race conformances were 53% and 56% respec- 
tively with spin confined to the outer race-ball contact. The 
peak Hertz compressive stress at this point was cal- 
culated, using the compilations of Roark (1), to be 141,- 
000 psi with contact ellipse axes of .0012 inches along the 
ball track and .0046 inches across the track. The surface 
speed of the balls relative to the cage was determined 
as 6300 inches per minute. 

In designing the BBS to simulate these conditions, con- 
siderable latitude existed in the selection of loads, speeds, 
and dimensions. The required surface speed, for example, 
could have been attained with a whole range of track 
diameter-drive speed combinations. In order to reduce 
balancing problems, noise and vibration, a relatively 
large diameter and low speed were selected, even though 
with this combination spin speed and its associated 
sliding velocity could not be simulated. It was assumed, 
and has subsequently been proved by Jones (2) that the 
load paths appearing on BBS balls lie precisely on great 
circles. This can only be the case if the angular velocity 
vector of the ball is directed radially outward and 
parallel to the race discs with the spin divided equally 
between the upper and lower disc-ball contacts and with 
the cage disc speed exactly half of drive speed. 

The BBS has been driven at speeds of 0 to 2830 rpm. 
With a 2% inch diameter ball track, the resulting surface 
speeds were 0 to 10,000 inches per minute (0-420 cm 
per sec). In simulating the gyro bearing, a drive speed 
of 1760 rpm and a ball track diameter of 24 inches 
produced a ball surface speed relative to the cage of 
6220 inches per minute—close enough to the 6300 inches 
per minute desired. The selected ball track was a little 
over five times the length of the outer race ball track of 
the gyro bearing. This factor was arbitrarily applied in 
selecting a 5/16 inch diameter BBS ball—five times 
larger than the 1/16 inch diameter ball of the gyro 
bearing. 

The load necessary to produce the required 141,000 psi 
peak compressive stress between a 5/16 inch diameter 
steel ball and a flat steel plate is 1.3 pounds, again ac- 
cording to the methods of Roark (7). For the three-ball 
BBS the total load of the upper disc and holder was 
adjusted to three times this value or 3.9 pounds. Under 
this load the diameter of the contact circle formed be- 
tween a BBS ball and either race disc was .0042 inches, 
slightly less than the major axis of the contact ellipse 
formed at the outer race of the gyro bearing. Table 1 is 
a summary of the test conditions and materials employed 
in the first BBS runs. 

While an attempt has been made to simulate the im- 
portant conditions of operation of the gyro bearing within 
the framework of BBS configuration, it must be conceded 
that many areas of difference remain. Spin speed, sliding 
velocity, and the shape of the ball-race contacts have 
already been noted. Other differences stem from the effect 


TABLE 1 
BBS Test Conditions during First Runs 
Balls: 5/16 inch diameter, SAE 51,000 steel, instru- 
ment grade 
SAE 52,100 steel, hardness 64-67 Rockwell “C”, 
rotary ground to 3-4 microinches, rms 





Race Discs: 


Cage Bushings: Cotton cloth-phenolic laminate, porosity around 
3%, cylinders cut with axis perpendicular to 
plane of cloth 

21/64 in. ID (drilled), 3% in. OD, 5/32 in. long 
with 1/32 in. by 1/32 in. flange 

Oven dried 4 hr at 220 F, desiccator cooled to 
room temperature, vacuum impregnated with 
lubricant 4 hr at 50 microns Hg and 220 F, 
cooled under oil to room temperature and cen- 
trifuged 3 minutes at 400 x g 

Highly refined paraffin base oil with viscosity 150 
cstks at 100 F and 14 cstks at 210 F, 2% isopropyl 
oleate lubricity additive, 4%24% di-tertiary butyl 
paracresol oxidation inhibitor, .005% silicone 
antifoaming agent 


Dimensions: 


Lubricant: 


Temperature: 220 F 
Atmosphere: Air or helium (tank supplied % cu ft per hr, 
0.2 in. Hg pres.) 

Speed: 1760 rpm drive speed with 2% in. track dia- 
meter, 6220 inches per minute (264 cm per sec) 
surface speed of ball relative to cage 

Load: 3.9 lb applied load, 141,000 psi peak Hertz 
contact pressure 





of centrifugal force on the balls and lubricant, and from 
the nature of the cage disc support. There are other 
superficially slight but possibly critical differences which 
cannot be eliminated short of a step by step return to the 
shapes and sizes, etc. of the gyro bearing. This raises 
the question: is partial simulation of any value? The 
BBS itself may provide an answer. 


Data outputs 
TORQUE 


In the first runs, the torque-activated contacts of the 
BBS were set to shut off at 150% of the initial torque 
value. By utilizing torque increase instead of absolute 
torque the relatively small effect of the auxiliary sup- 
porting bearings tends to be cancelled out, since the 
running torque of these bearings has been found to 
remain nearly constant for a large number of runs. 
Torque increase also served as the criterion of failure of 
bench-tested gyros. Figure 4 shows a typical torque-time 
curve which was recorded later under slightly different 
conditions, but which exhibits the general shape observed 
in the early runs. It shows an initial period of “run-in” 
and falling torque followed by a long slow rise which 
becomes increasingly erratic as failure approaches. In this 
particular run, shutoff would have occurred (and BBS 
life would have been recorded) at 6.1 hours, but the 
test was deliberately continued to the torque level 
previously determined for an unlubricated run—roughly 
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Fic. 4. Plot of BBS torque during the course of a life test 


four times initial torque—at 9 to 10 hours. Runs without 
lubricant were found to fail in less than 0.1 hours using 
the 150% criterion. 


Electrical resistance 


Average electrical resistance measurements which have 
been shown by Furey (3) to be related to the per cent 
of time that metallic contact exists, were made during 
each run using a commercial ohmmeter. With the range 
selector set on the R times 10,000 ohm scale, the ohm- 
meter had a total resistance of about 125,000 ohms with 
a power supply of 6 volts DC. Under these conditions 
the measuring current through any oil film averaged 10 
to 15 microamperes. Tests run with and without the 
measuring current flowing showed that it had no impor- 
tant effect on BBS life. Resistance measurements, while 
useful for indicating test-run abnormalities, have not as 
yet provided more than a general picture of conditions 
at the ball-race contacts. Exploratory performance tests 
in which the BBS was operated over a wide range of 
loads, speeds, viscosities, and surface finishes demon- 
strated that the electrical resistance measurement 
responds in the expected manner to the factors which 
tend to generate or break down an oil film. Resistance 
rises with increases in speed and viscosity and drops 
with increases in load, temperature, and surface rough- 
ness. While no quantitative use has been made of this 
information, the general pattern of a typical run has 
been observed. Under the conditions of Table 1, the 
resistance ranges around 1000 ohms at the start of a 
test and rises to about 50,000 ohms at the point of com- 
plete “run-in” as indicated by minimum torque. Beyond 
this point it remains relatively stable at 50,000 ohms 
although a much slower rise occurs as the test proceeds 
so that values of 300,000 ohms and higher are typical 
near the end of the test. The first rapid rise is believed to 
reflect “run-in,” a general smoothing of the bearing 
surfaces and wearing down or removal of the higher 
asperities. Pre-run-in assemblies give readings of 50,000 


ohms at the start with fresh oil. The second slower rise 
is believed to be associated with the thickening of the oil 
film resulting from the increased viscosity accompanying 
oil degradation, loss of light fractions, etc. At the very 
end of the test, erratic torque increases are associated 
with sharp resistance drops which are thought to reflect 
film breakdown, loss of fluidity, dry spots, and the 
beginnings of local welding. 


Results of the first BBS life tests 


Table 2 shows the results of the first nine runs under 
the conditions listed in Table 1. Values of BBS life (as 
indicated by a 50% rise in torque) occurred within the 
range 30 to 50 hours of running time. 


TABLE 2 
BBS Life Values under the Conditions of Table 1 








BBS 
BBS life 
unit Atmosphere hours 
B Air 37.8 
c Air 33.7 
Cc Helium 39.5 
B Helium 41.3 
B Helium 43.7 
B Helium 36.1 
B Air 34.9 
B Air 40.34 
B Air 46.99 





@ Without silicone damping fluid. 
> Without resistance measuring current. 


Examination of the failed parts disclosed dry ball 
tracks bordered on either side by ridges of a waxy to 
crumbly orange brown oil degradation product of the 
same color and texture as that observed in failed gyro 
bearings. Infrared analysis of this product showed that 
it consisted of highly oxidized hydrocarbons giving rise 
to acidic and other carbonyl function materials. Similar 
analyses of the residue from gyro bearings were not 
possible because of insufficient quantities. 

The consistency of the first nine runs was remarkably 
good, considering how little control was exerted over oil 
quantity. The cage bushings were prepared from a single 
12 in. X 12 in. X 1 in. slab of laminate. Small blocks 
were sawed out and lathe turned so as to orient the plane 
of the fabric for maximum feed to the ball as in the gyro 
bearing. No attempt was made to measure the porosity of 
individual bushings. All were oven dried, desiccator- 
cooled, and weighed prior to vacuum impregnation as per 
Table 1. After impregnation they were either centrifuged 
at 400 X g or wiped with tissue to remove excess surface 
oil. Re-weighing at this point disclosed net gains of 2.5 
mg to 3.0 mg for each cage bushing. It was assumed that 
this gain represented impregnated oil but there is no 
assurance that some weight change was not contributed 
by such factors as loss of volatiles, moisture content, 
chipping, etc. Sets of these bushings were selected to 
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provide an average “oil quantity” of 2.8 mg per bushing 
per run or a total of 8.4 mg per run. 

The good consistency of the first runs dispelled concern 
over the possible effect on life of such factors as 
silicone atmosphere produced by the damping fluid and 
the electric current used to measure ball-race resistance. 
Table 2 shows little difference in life with these factors 
removed. It also shows that a helium atmosphere provided 
by circulating tank helium at % cu ft per hr and 0.2 
in. water positive pressure (without getters) had no 
protective effect. 

The significance of the BBS life range of 30 to 50 
hours with 8.4 mg of lubricant is worth some thought, 
since gyro bearing life averaged 3000 to 5000 hours with 
only 3 to 4 mg of the same lubricant. One obvious dif- 
ference between the BBS and the gyro bearing is the 
amount of area requiring lubrication in each. The area 
based on total track was calculated to be about eighteen 
times greater in the BBS than in the gyro bearing. When 
the BBS quantity of 8.4 mg is divided by 18, an equiva- 
lent quantity of 0.46 mg is obtained for the same degree 
of lubrication of the gyro bearing. Would this quantity 
result in a gyro bearing life of 30 to 50 hours? Booser 
and Wilcock (4) proposed the relationship: 


t ( w ) 

t, \we 
to relate the running times ¢ and ¢, of two similar ball 
bearings lubricated with quantities of oil w and w, 
respectively in the range where oil depth adequately 
exceeds surface roughness. The life exponent m was shown 
by them to vary somewhat with load, speed and the 
method of oil loss, but typical values fell in the range 


1.5 to 3.0. Applying this equation to the case of the gyro 
bearing: 





3000 to 5000 ( 3 to 4 } 


30 to 50 46 


from which nm = 2.3 average, showing that an explanation 
based on degree of lubrication is at least plausible. 
Two additional lubricants were tested in the BBS 








TABLE 3 
Correlation of BBS Life with Gyro Life 
Lubricant BBS life Gyro life 
(2.8 mg. per cage bushing) hours hours 
A (see Table 1) 30-50 3000-5000 
Be 5-10 2250 
(5.4, 9.3, 5.1, 7.6) 

Cb 0.8, 1.0 2 





@ Lubricant B: tertiary butyl 1, 9 diphenyl nonane containing 
the same types and quantities of lubricity additive and oxidation 
inhibitor as Lubricant A (of Table 1), viscosity is 21.8 cstks at 
100 F and 4.7 cstks at 210F. 

b Lubricant C: unknown submitted for test, synthetic base + 
corrosion and oxidation inhibitor with viscosity of 13 cstks at 
76 F and 3.6 cstks at 160 F. 


under the conditions of Table 1 and were subsequently 
bench-tested in gyros. Table 3 which presents the results 
shows that the BBS has qualitatively ranked the three 
lubricants in the same order as the gyro. 

In a second series of tests the BBS was adjusted to 
simulate the conditions existing between ball and race of 
a particular computer memory drum bearing. In this case 
the conditions of test were the same as those of Table 1 
except for contact pressure, temperature, cage material, 
and lubricant. The applied load was increased from 3.9 
Ib to 12.5 lb in order to provide the required 207,000 psi 
contact pressure of the memory drum bearing. Tempera- 
ture was maintained at 200 F. The cage bushings were 
fabricated from nonporous phenolic and the grease 
lubricant was weighed out in a uniform ring on the inner 
surfaces of each bushing. Two milligrams of grease was 
applied to each bushing for a total quantity of 6 mg per 
BBS run. Surface speed was not simulated but was kept 
at 6220 inches per minute whereas in the memory drum 
bearing surface speed was 15,000 inches per minute. Two 
of the greases which were life tested in the BBS were run 
later in memory drums. Table 4 presents the results. 


TABLE 4 
Correlation of BBS Life with Memory Drum Life 


BBS Memory 








Lubricant life drum 
(2 mg. per cage bushing) hours hours 
Grease A—compounded of 15% lithium 27 7000-++ 
base soap and the oil described in Table 1 
Grease B—compounded of 8.2% lithium 14 3000 


base soap and a synthetic oil with vis- 
cosity 302 cstks at 100 F and 58 cstks 
at 210 F 





Improved test procedure 


The use of nonporous cage bushings in the BBS life 
test of memory drum greases permitted the quantity of 
lubricant to be varied without changing the level of 
saturation of the cage. In the previous tests of gyro oils 
this could have been accomplished only by varying cage 
porosity along with oil quantity. A second advantage of 
the memory drum test lay in the accuracy attained in 
direct weighing out of lubricant as opposed to difference- 
in-weight measurements made several hours apart. It was 
decided to try to incorporate these advantages into the 
oil test. 

The three oils of Table 3 were retested under the con- 
ditions of Table 1 except that disc finish was obtained 
by hand rubbing with 0-grit emery paper, cage bushings 
were turned from % inch diameter nonporous acetal 
resin rod stock, and oil was weighed out on the inner 
surfaces of the bushings. Quantities of 2.8 mg per bushing 
centrifuged badly, showing up as radial streaks on the 
surfaces of the race discs between the ball tracks and the 
rims. Quantities of 1 mg and 0.5 mg per cage bushing 
showed the same behavior. At this point weighing ac- 
curacy had reached an unacceptable limit. As a result a 











se 








microsyringe-dilution technique was employed to deposit 
smaller quantities. Two-tenths milliliter of oil was diluted 
with c.p. n-hexane up to a total of 10 ml in a volumetric 
flask. Then 5 ul of the diluted oil was applied to each of 
the three assembled BBS balls using a 50 ul microsyringe. 
The hexane evaporated quickly leaving 0.1 l of oil on 
each ball. The first seven tests failed at 11.7 hr, 6.9 hr, 
6.3 hr, 7.0 hr, 11.5 hr, 7.6 hr, and 6.8 hr, respectively. 
Three tests with Lubricant B of Table 3 ran 4.5 hr, 3.2 
hr, and 3.6 hr. A third series of tests with Lubricant C 
of Table 3 ran 0.1 hr and 0.2 hr. Table 5 summarizes 


TABLE 5 
Correlation of BBS Life and Gyro Life 
With Nonporous Acetal Resin Cage Bushings 








Lubricant BBS life Gyro life 
(0.1 wl per cage bushing) hours hours 
A 6-12 3000-5000 
B 3-4.5 2250 
c 0.1, 0.2 2 





these results and the corresponding values of gyro life. 
Correlation was at least as good as that shown for the 
first series of runs in Table 3. 


Conclusions 


A test rig has been constructed and used to evaluate 
lubricants for a particular gyro bearing. This was done 
by life testing small measured quantities of lubricant 
subjected to the temperature, atmosphere, pressure, 
surface speed, material, and finish existing at the ball- 
race contacts of the gyro bearing under study. The rig 
was also adapted to simulate some of the operating condi- 
tions of a computer memory drum bearing. 
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Adaptation to new conditions is facilitated by the 
simplicity of the rig—the use of flat disc races and a 90 
degree contact angle. These same features introduce 
some forces and motions foreign to most ball bearings. 
Despite this, small groups of lubricants were ranked in 
the same failure order as occurred in the gyro and the 
computer. The testing time required for this was in 
hours instead of months. 


Although the data are too limited to be conclusive 
(data involving other applications and larger groups of 
lubricants are needed) the BBS appears promising as a 
tool for screening lubricants and materials for ball 
bearings exposed to environments which result in 
lubrication failure. Future testing may help to determine 
which factors are most important in achieving cor- 
relation between short-time tests and service life. 
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DISCUSSION 


M. J. Furey (Esso Research and Engineering Company, Linden, 
New Jersey): 


The author describes a new device which may prove useful 
for a variety of rolling contact studies. This device has a number 
of worthwhile features. For one, the geometry is simple: three 
balls pressed between two flat rotating discs. This arrangement 
should make it easier to investigate the effects of test specimen 
variables such as metallurgy and surface finish. The simple 
geometry should also lend itself more readily to a theoretical 
analysis. Another good feature is that the entire system is en- 
closed, thereby permitting control of the atmosphere. 

The device has also been designed so that measurements of the 
electrical resistance between the moving surfaces can be made. I 
think this is good. From resistance measurements, one can learn 
something about the frequency of metallic contact. However, I 
should like at this point to comment on three aspects of the 
resistance measurements described in the present paper. These 
may or may not be problems. However, they could very well 
affect the interpretation of the data obtained and should, I 
believe, be kept in mind. 


First, the author uses a commercial ohmmeter to measure what 


he refers to as an “average electrical resistance.” Specific values 
ranging from 1000 to 300,000 ohms are presented. As discussed 
before (A1) a time-average obtained from such an instrument is 
not enough information for a dynamic system in which the elec- 
trical resistance may be fluctuating very rapidly from a fraction 
of an ohm to infinity. The ohmmeter used by the author had a total 
resistance of 125,000 ohms (on the R  X 10,000 scale). If the 
unknown resistance is equal to a constant 125,000 ohms, the 
ohmmeter will read a certain value of roughly half scale. How- 
ever, it will also read this value if the resistance fluctuates rapidly 
from zero to infinity, spending half the time at zero. The solution 
is to use an oscilloscope. 

A second point, and one again connected with the use of the 
ohmmeter, is that the voltage applied to the system to make the 
measurement may affect the system. This too has been discussed 
before (A1). In the example just described, the voltage impressed 
by the ohmmeter in the fluctuating system will vary from zero to 
6 volts. In our studies of metallic contact, we have kept the 
voltage to 0.015 volts to minimize electrical discharge through 
the oil film and damage to the rubbing surfaces. The author states 
that the measuring current had no important effect on ball-bearing 
life. It is of interest to note that from Table 2, the ball-bearing 
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life in air was 46.9 hours without the measuring current and 
37.8, 33.7 and 34.9 hours with the current. Numerically, the cur- 
rent appears to have decreased the life by about 25%. Is this 
effect significant ? 

The third and last point is that electrically, the author’s system 
is more complex than it first appears. By necessity, the resistance 
measured is actuaily an over-all resistance between the two discs 
separated by the three balls. This means there are six junctions of 
electrical contact. Electrically, these junctions could be represented 
by resistances or switches as shown in Fig. Al. R, and R,’ 





Ry R2 R3 





Fic. Al 


represent the contact junctions between ball 1 and the upper and 
lower discs respectively. This circuit has some peculiarities which 
should be kept in mind in interpreting even oscilloscope data. 
First, it is obvious that for contact to show up, a given pair of 
switches in series must close simultaneously (e.g., R,; and R,’ or 
R, and R,’). If R,, Ro, and Rs close at the same time, for ex- 
ample, this will not show up. Second, the instrument will not be 
able to tell the difference between one closed pair and two or 
three closed pairs. Third, in a situation in which the resistance 
may not be fluctuating from zero to infinity as in a switch, the 
measured resistance R is even more difficult to interpret. This is 
apparent from the expression below in which the resistances of 
the balls and discs are neglected and only junction resistances 
shown. 


1 1 


" (ape)+ (ape) +(e) 
R,+ Ry’ Ry +R,’ Rz + R;' 


I would again like to compliment the author on this most 
interesting paper and look forward to seeing future results ob- 
tained with the Ball-Bearing Simulator. 
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AUTHOR’S CLOSURE: 


Mr. Furey’s analysis of the resistance network existing in the 
Ball Bearing Simulator is most appreciated. I agree with him that 
oscilloscope studies would provide more information than the 
commercial ohmmeter we are using. This, in itself, should prove 
an interesting study, particularly if the simulator is employed as 
a functional tester and speed, load, finish, viscosity, etc. are 
varied over a wide range. 

In the tests described in this paper, however, we were concerned 
only with the design of a short term life test which could predict 
in a few hours what would happen in months or years. The 
criterion of failure was torque increase, and as noted in the paper, 
resistance measurements were used only “to indicate test-run 
abnormalities.” For this purpose, the ohmmeter was adequate. 

Mr. Furey observes from a comparison of the values of Fig. 2 
that the measuring current may reduce life by as much as 25%, 
and he asks whether this is significant. We feel that it is not. In 
fact, we are happy if a group of test values under the same con- 
ditions fall in a range where the highest value is twice the lowest. 
The values of Table 2 were reduced in Table 3 to simply “30-50” 
hours of life with lubricant A compared to “5-10” for lubricant 
B. Current practice eliminates the problem by eliminating the 
current except for the short time required for periodic measure- 
ments. 
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Some Optimum Conditions for the Lubrication 
of Gear Teeth’ 


By IAN O. MacCONOCHIE? and IRAJ DAVID SHAKIB* 


The percentage of boundary operation, or metal-to-metal contact between gear teeth, was measured 
to determine optimum running conditions for a pair of gears. A nondestructive test method was 
used. The effects of load, speed, lubricant viscosity, and lubricant additive were investigated. 


Introduction 


To some extent the design of gear trains is based upon 
previous experience, and no set rules are available for 
the correct selection of tooth contour, lubricant viscosity, 
and pitch line velocity. The purpose of this investigation 
was to observe the effects of lubricant viscosity, load, and 
speed on the operation of gears using a test method which 
did not necessitate destruction of the gears. 

Ideally, the engaging teeth of a pair of mating gears are 
separated by a thin lubricating film of oil. However, 
heavily loaded gears do not enjoy fully hydrodynamic 
operation for all conditions of engagement. Instead, some 
portion of the tooth action operates under boundary film 
conditions, where surface protuberances or small foreign 
particles in the lubricant create a situation of essentially 
“zero” film thickness. Boundary operation is especially 
severe at the roots and tips of the teeth because of the 
heavy loads and high sliding action in these areas. When 
the teeth are heavily loaded and deflected elastically, high 
impact loads can occur during engagement. Also, the high 
sliding action at the tips and roots lowers the oil viscosity 
due to frictional heating. 

The impact conditions can be reduced somewhat by 
relieving the tips of the gear teeth. However, there is in 
practice only one value of tip relief ideally suited for a 
given set of conditions of load, speed, etc. If tip relief is 
inadequate, interference results at the roots and tips of 
mating teeth, causing abnormally high loads at these 
points. On the other hand, if tip relief is excessive, the 
entire extent of the tooth face is not used to the fullest 
advantage; such gears effectively have a reduced contact 
ratio accompanied by a higher contact pressure and 
greater tooth wear than a properly relieved gear. Ex- 
cessively high contact pressure can also lead to rougher 
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action and the possibility of fatigue cracks and pitting 
on the tooth surface in the vicinity of the pitch line. 

In the ideal dynamic case, a newly engaging pair of 
teeth would assume the load gradually until at single- 
pair action the mating pair carries the full load. Prac- 
tically, however, experiments have shown (1) that during 
engagement and disengagement, when two pairs of teeth 
are sharing the load, the pressures at the tips and the 
roots of individual teeth can be higher than the case 
of single-pair contact in the vicinity of the pitch line. 
Also, practical gear teeth are not precise involutes be- 
cause the tip shape has been modified to compensate for 
elastic deflection under load. Therefore, in the actual 
case of a pair of running gears, as the contact point 
progresses along the face of the tooth the load variation 
may take a variety of forms. 

Because of the changes in the contact pressure and 
sliding and rolling action between mating teeth, any 
lubricant used must operate over a range of local con- 
ditions of pressure, sliding velocity, and temperature. 
Thus there are four important parameters which con- 
tribute to the proper gear action: (a) oil viscosity, which 
should be such that mating surfaces are separated by a 
lubricant film; (6) tip relief, which should allow the 
teeth to gradually assume the load as they enter engage- 
ment; (c) the load on the gears, which contributes to 
tooth deflection and in part requires modification of the 
tip relief; and (d) the speed of the gears, which alters the 
local viscosity of the lubricant as the local sliding or 
rolling velocity changes with gear speed. 

In the tests reported herein all parameters except the 
tip relief were varied. The optimum running conditions 
were established for one set of gears by a nondestructive 
test method. 


Methods for measuring oil film thickness 


A common method of testing and evaluating gears and 
lubricants is to run the gears to destruction under a 
selected set of test conditions. This method is used both 
for routine evaluation and research studies. However, 
gear testing would be facilitated if a nondestructive test 
could be used. 

Several experimenters have studied methods of meas- 
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uring the oil film between a pair of mating surfaces 
under conditions of line contact; a condition which re- 
sembles the gear contact problem. El-Sisi and Shawki (2) 
used an additive in the lubricant to increase its electrical 
conductivity and a resistance method of measurement 
with some success on disks. It must be assumed, however, 
that the additive had some effect on the properties of 
the lubricant. Furey (3) used a resistance technique to 
measure the percent of metallic contact. However, he was 
able only to measure the frequency and extent of metallic 
contacts and not the thickness of the oil film. 

A method first utilized by Brix (4) and subsequently 
by Cameron (5) hinges upon the maintenance of a small 
continuous electrical discharge between the gear tooth 
surfaces. The discharge will occur at the point of mini- 
mum oil film thickness, and the voltage required to main- 
tain the discharge will be a measure of oil film thickness. 
Earlier experimenters found (6) that the voltage required 
to maintain a discharge across a given film thickness 
could vary as much as 10% due to either changes in 
sliding speed or changes in the moisture content of the 
lubricant. Also, continued filtration of the lubricant over 
a period of several days raised the voltage gradient from 
4 to about 10 volts per thousands of an inch. On the 
other hand, foreign particles (1 to 5) in the lubricant 
assisted in the discharge (6). Although it may be diffi- 
cult to accurately measure the thickness of an oil film 
by this latter method, it is fairly easy to detect the 
complete lack of a film. This method is one of the few 
known that are applicable to the measurement of oil 
films on gear teeth, and was adopted for the tests re- 
ported in this paper. 


Apparatus and test procedure 


The test pinion was a steel (SAE 4140) involute spur 
gear of 28 teeth, 4 diametral pitch, 142° pressure angle, 
and %-in. face. The teeth were shaved and progressively 
flame-hardened to between 260 and 300 BHN. The 
original tooth surface finish was measured to be between 
60 to 70 rms. The average relief at the tip was 0.0003 in. 
The tip relief curve was blended into the involute, and the 
tooth surface became fully involute where the two-pair 
contact ended. The same data applied to the gear except 
that it had 32 teeth. 

In the present tests commercial SAE 30 oil was used 
with and without a high molecular weight polymer 
(polyisobutylene in oil). The polymer had a molecular 
weight ranging between 4000 and 28,000 Staudinger. 
When used, it was added in the amount of 5% by volume 
to the base SAE oil. The viscosity of the base oil and the 
increase in viscosity due to the additive is shown in 
Table 1 for various operating temperatures. 

Although no special effort was made to purify the oil 
beyond the purity of the commercial grades, the oil was 
filtered on a bypass basis to maintain its original quality. 

The gear system itself is a back-to-back arrangement, 
and is the same as that discussed in reference (7). The 


TABLE 1 
Viscosity of Oils 





Viscosity, centipoises 








Temperature, 
°F SAE 30 SAE 30 + 5% additive 
90 140 201 
98 105 135 
120 59 75 
150 27 37 





advantage of this arrangement is that large amounts of 
power may be circulated without the need of a dyna- 
mometer or brake. One auxiliary gear and one test gear, 
both having 32 teeth, are keyed to one shaft. The 
engaging auxiliary and test pinions having 28 teeth are 
keyed to a parallel shaft. To apply a load to the gears a 
shaft coupling, located between the 28 tooth gears, is 
“loosened” and a known torque is applied to one-half 
of the coupling. The coupling is tightened and the 
torque is thus locked into the system. 

A wet cell battery with a variable (0 to 40 ohms) 
external resistance was used to impress 6 volts across 
the two test gears through two commutator brushes on 
the ends of the gear shafts. The bearing mounts of the 
shaft carrying the 32-tooth test gear were insulated from 
ground. An additional pair of brushes was used to con- 
nect the shafts to an oscilloscope on which the voltage 
fluctuation between the gear teeth could be viewed; thus 
the parallel circuit of the gears and the oscilloscope were 
connected in series with the battery and the external 
resistance. The resistance of the shafts, brushes, and gears 
was negligible compared to the resistance of the lubri- 
cating film. 


In order to correlate the oscilloscope trace with the 
gear speed, a coil magnet was placed near the pitch radius 
of the 32-tooth test gear. The magnet detected the passage 
of each gear tooth. The output from the magnetic pickup 
circuit was displayed on a second trace on the oscillo- 
graph. Fig. 1 shows a typical record: the upper trace is 
from the oil film measuring circuit, whereas the lower 
trace is the gear tooth sensing circuit. A camera was used 
to obtain a permanent record of the oscilloscope traces. 


In carrying out the actual tests the required load was 
locked into the gears, and the oil was circulated through 
the lubrication system. An immersion heater was used 
to raise the temperature of oil supply at the gears to the 
desired operating value. The gear drive was then started, 
and the gears were run only long enough to take the 
necessary oscillograph pictures. 


Results and discussion 


In Fig. 1, results of two typical tests are shown for 
SAE 30 oil with and without 5% additive. The upper 
trace shows the voltage drop across the oil film; the 
trace has been calibrated in terms of oil film thickness. 
Although somewhat obscured by the electrical discharge 
noise, a general lower frequency wave form can be 
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500 


950 


or 





ne | : 
PITCH POINTS PITCH POINTS 
LUBRICANT: SAE. 30 SAE. 30+5% ADDITIVE 
TEMPERATURE: I20°F 120°F 
RPM: 335 838 
Fic. 1. Oscillograph traces for SAE 30 and SAE 30 with PIB 


additive. 


noted. The peaks of the low-frequency wave form repre- 
sent pitch points as each pair of teeth passes through 
engagement. The location of the pitch points was known 
from the lower trace. For the particular setting of the 
magnet each pitch point on the measuring trace is 
directly above a point midway down the negative slope 
of the lower trace. “Zero’’* oil film is represented by a 
base line at the “0.0” points in Fig. 1. The “Zero” oil 
film conditions are particularly evident at the 1600 
pounds per inch load wherein the trace shows evidence 
of a series of flats. Reading from top to bottom in Fig. 1 
the increase in the extent of “Zero” oil film as load is 
increased is particularly evident. 

Static deflection tests with a single pair of teeth have 
shown that the total deflection of a geometrically similar 
pair of gear teeth is very nearly independent of diametral 
pitch and equal to approximately 0.0005 inch per 1000 
pounds per inch of face width (8). The tip relief on a 
gear should allow for the tooth deflection under load, so 
that the tooth engages smoothly and without interference. 
If the deflection exceeds the amount of tip relief provided, 
very high pressures can occur during tooth engagement 
(and disengagement). Since the gears of these tests are 





4 “Zero” is an illusive term when applied to this problem since 
foreign particles, chemical surface reactions, and oxide layers are 
often present and give a zero thickness reading on the oscilloscope. 
The terms boundary operation and “Zero” oil film are used inter- 
changeably herein. 


provided with 0.0003-inch tip relief, the load condition 
for optimum lubrication is: 


0.0003 
0.0005 





X 1000 pounds per inch = 600 pounds per inch 


In Fig. 1 a rapid increase in the amount of boundary 
operation can be noted between a 500-pound-per-inch and 
950-pound-per-inch load for the SAE 30 without additive. 

A further analysis of Fig. 1 shows that metal-to-metal 
contact occurs primarily at the roots and tips of the gears 
where there is high sliding action and not at the pitch 
line where there is almost pure rolling action. The addi- 
tion of the high molecular weight polymer additive how- 
ever tends to decrease the amount of metal-to-metal 
contact. 

Because metal-to-metal contact may occur during 
boundary operation, this is the period during which the 
greatest amount of tooth wear occurs. The percentage of 
boundary operation was determined by measuring the 
amount of time at zero voltage determined by the top 
trace, and dividing this time by the total period of action 
for the teeth considered. 

In Fig. 2 the effect of viscosity change on the amount 
of boundary operation is plotted as a function of the load 
on the face of the tooth. Changes in viscosity were ac- 
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complished by heating the lubricant. At 90 F (140 cp) 
the relative percentage of boundary operation at a 1600- 
pound-per-inch load is 35% while at 150 F (27 cp) 
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boundary operation has risen to approximately 80%. 
In all the tests run, it appears that the higher the viscosity 
of the lubricant the less the extent of boundary operation 
for a given load. Borsoff (9) also indicates the same 
phenomenon in his work. For example, at 5000 rpm (6 
DP gears 17 and 19 teeth, respectively) he shows a load 
carrying capacity based on amount of scuffing (welding 
and tearing) present of 285 pounds per inch for a 
lubricant of 8.8 cp while the load carrying capacity for 
the same gears was 2700 pounds per inch for a lubricant 
of 369 cp. Intermediate values of viscosity showed a 
similar trend. 

Unfortunately, highly viscous lubricants cannot be used 
in all gear drive systems because of the relative incom- 
patibility of the lubricant with operation of adjacent 
components. The power requirement of the lubricant 
pumping system also must be considered in practical 
applications. Thus, a compromise lubricant is frequently 
used in actual design. However, in some cases it may be 
possible to use a separate lubrication system for the gears 
alone. 

The effect of surface finish is illustrated in Fig. 3. Fig. 
3(a) shows oscillograph traces taken when the gears 
were new (measured surface roughness 60 to 70 rms), 
and Fig. 3() shows traces taken from the same gears after 
4 hours of running time (30 to 40 rms). The maximum oil 
film thickness in these tests was 125 microinches, which 
is not much greater than the root-mean-square value of 
the surface roughness. Under these conditions occasional 
random metal-to-metal contact would be expected to 
occur between protuberances on the tooth surfaces, and 
some self-polishing or scuffing would occur. In general, as 
might be expected, the smoother the surface finish the less 
frequent the occasional contacts. Destructive type ex- 
periments by Borsoff (9) indicate a load carrying capacity 
of 4250 pounds per inch for gears at 3300 rpm with a 
microfinish of 20 rms compared with a load carrying 
capacity of 2125 pounds per inch for an rms of 100 
microinches. When considering previous work and the 
comparison of the oscillograph traces of these tests it 
appears that the better the surface finish is, the higher 
the load carrying capacity. 

Experiments by Hughes and Tourret (10) indicated 
that higher horsepower could be transmitted through a 
given set of gears by increasing the speed. It is therefore 
desirable to determine the effect of gear speed on the 
lubrication of the gear teeth. Fig. 4 shows the percentage 
of boundary operation as a function of the pinion revolu- 
tions per minute for various lubricant viscosities. It can 
be seen from the two upper curves (oil without the addi- 
tive) that the percentage of boundary operation reached 
a maximum as the gear speed was increased, and then 
decreased with a further increase in speed. The drive sys- 
tem limited the pinion speeds to less than 3500 rpm, and 
it was not possible to determine whether or not a peak 
existed for the oil with the additive. 

At present, the reasons for the occurrence of a maximum 
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Fic. 3. Oscillograph results showing comparison of surface 
finishes. (a) New gears, 60 to 70 rms. (b) Gears after 4 hours 
running, 30 to 40 rms. 


amount of boundary operation only can be hypothesized. 
Initially, as gear rpm increases, the local sliding speed 
between the gear teeth increases. This sliding action 
reduced locally the lubricant viscosity; the local oil film 
was thinned and the boundary operation thereby was 
increased. However, as the gear speed approaches a 
sufficiently high value, the lubricant has little time to flow 
from between the gear teeth, and begins to behave more 
like an entrapped elastic solid rather than a viscous fluid. 
Eventually, the beneficial effects of fluid entrapment 
begin to overcome the detrimental effects of the local 
reduction in viscosity due to heating. 

The elastic properties of lubricants were studied by 
Lamb and Barlow (11). They found that the relaxation 
time (defined as the ratio of absolute viscosity to rigidity 
modulus) ranged between 10~® and 10~® seconds for 
most lubricants when tested at atmospheric pressure. 
(Physically, the relaxation time is a measure of the time 
required for a lubricant to change its behavior from that 
of an elastic solid to that of a viscous liquid.) 
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Loaded gear teeth become elastically flattened near the 
contact point. Calculations for this set of test gears have 
shown that, at 3500 rpm, the time required for the 
theoretical contact point to travel one-half the distance 
of the (elastic) flat is about 50 microseconds, which is 
somewhat higher than the relaxation time of oil at at- 
mospheric pressure. However, the maximum pressure be- 
tween the two test gear teeth attains a value of the order 
of 10,000 atm, and there may be a significant change in 
the relaxation time of the lubricant under such pressures. 
If this is the case, it is very possible that the relaxation 
properties of the lubricant assist in the maintenance of a 
lubricant film particularly in high-speed applications. 

Therefore, if the two upper curves in Fig. 4 are 
typical of lubricant performance, it appears that an 
increase in operating speed can reduce boundary opera- 
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tion in some cases. However, the gear speed range is often 
fixed by various drive design considerations, either input 
or output speeds, and it might be easier to reduce the 
amount of boundary operation (see Fig. 4) by using an 
additive such as was used in these tests and/or increasing 
the viscosity of the lubricant. 


Conclusions 


Weber’s studies of static deflections on gear teeth 
showed that 0.0005-inch tip relief should be provided for 
every 1000-pound-per-inch load applied to the gears. 
The results of this investigation indicate that this amount 
of tip relief is also applicable in the dynamic case of 
running gears. 

The tests show that the amount of boundary operation 
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does not increase monotonically with gear speed, but de- 
creases again (for the oil without additive) when the 
gear speed is so high that the lubricant begins to behave 
as an entrapped solid rather than a viscous liquid. 


The results show that the heavier the loads on the 
gears, the better the surface finish should be in order to 
preclude metallic contacts. 


In all tests, it was found that the addition of 5% by 
volume of polyisobutylene additive to the base SAE 30 
oil decreased the amount of boundary operation. 


The tests also showed that the gears experienced less 
boundary operation (apparently without limit) the higher 
the viscosity of the lubricants used. 


Boundary operation progressed from metal-to-metal 
contact at the roots and tips to boundary operation over 
most of the tooth face as load was increased. However, in 
the immediate vicinity of the pitch line hydrodynamic 
action was always present. 
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DISCUSSION 


M. J. Furey (Esso Research and Engineering Company, Linden, 
New Jersey): 


The authors are to be complimented for a most interesting 
paper on a difficult problem: the experimental determination of 
oil film thickness between meshing gear teeth. There is no question 
but that we need to know much more about the detailed con- 
ditions which exist, even momentarily, between sliding and rolling 
surfaces. We need to know about instantaneous metallic contact, 
oil film thickness, pressure, and temperature. In this paper, the 
authors attempt to fill part of this gap. They use an electrical 
discharge technique, sometimes referred to as the Brix-Cameron 
method, to determine the instantaneous variations in oil film 
thickness between meshing gear teeth. 

Considerable progress has been made in recent years in the use 
of electrical methods in studying lubrication phenomena and in 
the interpretation of the data obtained from these measurements. 
One of the most interesting aspects of the present paper is that 
the authors express many of their results in terms of the per- 
centage of metal-to-metal contact or “boundary operation.” It 
may be recalled that the discharge method was originally de- 
veloped as a way to measure oil film thickness under conditions 
of no metallic contact. 

Since reference was made to an electrical resistance technique 
in the paper, it might be helpful at this point to review very 
briefly the differences between the resistance and discharge ap- 
proaches. In the resistance method which we have used, the 
voltage across the oil film is kept very low, about 15 millivolts, 
to minimize discharge through the oil film. The current is but a 
small fraction of an ampere, usually a few microamperes. In the 
Brix-Cameron discharge method, the voltage is much higher and 
the current is ordinarily maintained at one ampere. As Dr. Mac- 
Conochie knows, we have found that increasing the applied 
voltage to bring about discharge in a ball-on-cylinder system not 
only caused deposits to form, but also increased friction and 
surface damage (A1). We have also produced “growths” having 
purely resistive characteristics between steel surfaces immersed in 
oil under discharge conditions. They appear to be a form of 
carbon. It also seems quite possible that in the presence of anti- 
wear or “EP” additives, the input of appreciable amounts of 
electrical energy to a rubbing system could cause chemical reac- 
tions (e.g., thermal decomposition) on the surfaces and in the 
oil. I myself do not know that these voltage effects present a 
problem with gears. They may or may not. However, I do feel 
that the use of saturation currents in lubrication experiments 
should be checked very carefully to determine whether or not 
the measuring technique has an effect on the results. If this is 
done, both the electrical discharge and resistance methods can 
yield very valuable information on the fundamentals of lubrica- 
tion. 

Incidentally, in the resistance-measuring method which we have 
used, we do not try to relate the electrical resistance to oil film 
thickness but to the fraction of the time that metallic contact 
exists (A1). It is gratifying to learn that the present authors have 
chosen to do the same and that many of the results they have 
obtained are qualitatively in agreement with what we have found 
in quite a different system (Al, A2). 

Finally, I should like to comment briefly on some of the results 
presented in the paper. The authors show that the percent of 


“boundary operation” increases with increasing load and decreases 
with increasing viscosity. This is what one might expect from 
either hydrodynamic or squeeze-film theory. They also show that 
increasing the speed from about 3000 to 3500 rpm reduces the 
percent of “boundary operation.” Although this too is what one 
might expect from simple hydrodynamic theory, the authors 
choose a more complicated hypothesis, namely that the benefit of 
increasing the speed is a manifestation of the relaxation properties 
of the lubricant. Furthermore, they also show that the addition 
of polyisobutylene to a mineral oil reduces the amount of 
“boundary operation.” It is well known that oils containing 
polymers are more elastic and have longer relaxation times than 
straight mineral oils. Although the authors do not specifically 
conclude that the effect of the polymer is due to a change in the 
relaxation time of the lubricant, neither do they dispel this idea 
by suggesting that the effect is simply due to an increase in 
viscosity. I would be interested in knowing if the authors have 
had the opportunity to compare the polymer oil to a straight 
mineral oil having the same low shear viscosity at the test oil 
temperature. 
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AuTHors’ CLOSURE: 


Mr. Furey, in his discussion, points out that a discharge tech- 
nique, such as that utilized in this paper, may cause erosion of 
the lubricated surfaces. He also notes that deposits are formed 
during the discharge. We have noticed the same phenomenon 
when using the method to measure oil film thickness between a 
spherical steel ball and a flat plate. Mr. Furey utilizes in his 
tests a spherical rider operating against a cylinder (B/). In both 
of the above cases the arc is concentrated by one of the electrodes 
(in this case the spherical surface) creating a concentrated arc 
hot enough to cause both erosion and deposits to form. How- 
ever, in the case of gear teeth, line contact is present, as opposed 
to point contact, and the discharging arc moves from point to 
point along the line of contact (across the face of the tooth) ; 
hence, it does not get hot enough to cause any surface damage 
or deposits to form. 

We do not feel that the electrical discharge has any appreciable 
affect on the overall buildup of a hydro-dynamic film because of 
the arc’s localized nature in relation to the overall length of the 
line of contact. For carrying out tests with a polymer additive 
in the lubricant, we found that lubrication conditions were better 
even when the combined viscosity of the lubricant with polymer 
was considerably lower than the lubricant without polymer. 

Mr. Furey suggests that better lubrication with the polymer 
may be due to the polymer’s characteristically longer relaxation 
time. We agree with his suggestion although this was not stated 
strongly in the paper. 
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A Scoring Factor for Gears 


By V. N. BORSOFF' and M. R. GODET*? 


The performance of hard steel spur gears over a wide range of speed is discussed, and the necessity 
of distinguishing the type of lubricating film used is pointed out. The nature of scoring and its 
relation to contact time is discussed. Based on this relation a new scoring factor S, is offered. The 
equations for the scoring factor S, are developed and are checked by the data of three separate in- 
vestigators. The results show that a straight line relationship exists between score load and scoring 
factor S,. Possibilities of employing the scoring factor S, as a universal scoring parameter for all 
mechanical elements subjected to scoring are suggested. 


Nomenclature 


b = width of Hertzian band, in. 

W = load, lb per in. 

E = modulus of elasticity, psi. 

r) = radius of curvature of the pinion (driver), in. 
r, — radius of curvature of the gear (driven), in. 


2xNy 
®, — angular velocity of pinion , rad /sec. 
60 





= pinion speed, rpm. 

n, = number of teeth on pinion. 
n, = number of teeth on gear. 
P = diametral pitch, in.—! 

a = pressure angle, degrees. 


t. = contact time, microsecond. 
S: = scoring factor, microsecond. 
v = kinematic viscosity, cs. 
a,c = constants. 
Introduction 


In the last twenty-five years the problems of gear lubri- 
cation have been studied both in the United States and 
abroad. Among these problems, scoring (sometimes called 
scuffing) was the most extensively investigated. Relation- 
ships between speed and failure loads were suggested by 
a number of investigators and many scoring parameters 
were offered. These relations are summarized in Table 
1 taken from Hughes and Waight (1). It can be noted 
that these parameters differ among themselves, indicating 
a lack of agreement between various researchers. The 
task of reconciling theory and practice in gear lubrication 
is too arduous at this time. However, new relationships 
are found as, in the light of recent data, the understand- 
ing of the contact conditions deepens. One such new re- 
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TABLE 1 
Speed-Failure Load Relationships Derived from Various Authors® 





Index of N in 





Author Date WN* = Constant Based On 
Martin 1916 —1 Theory 
Blok 1937 2/3 Theory 
Almen 1948 2 Empirical 
Lane and 

Hughes 1951 2/3 Theory 
Cameron 1952 —) Theory 
Kelley 1952 2/3 Empirical 
McEwen 1952 =i Theory 
Mansion 1952 1 Experimental 
Davis, A.W. 1956 0.5 Empirical 
Davies, W.]. 1956 0.4 Theory 





@ From Ref. (1). 


lationship between score load and speed is discussed in 
this paper. It is hoped that it will serve as a step towards 
a better understanding of the scoring problem. 


General concept of gear lubrication 


The behavior of hardened steel spur gears lubricated 
by unreactive mineral oils is shown in Fig. 1, taken from 
Borsoff (2). The wide range of gear operations shown is 
subdivided into three zones according to speed: the slow 
speed zone, in which wear is primarily of abrasive nature; 
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Fic. 1. Gear performance vs. speed 





the medium speed zone in which wear is caused primarily 
by scoring; and the high speed zone characterized by 
an increase in load carrying capacity of oils with in- 
creasing speeds. 

The relationship between load and speed given above 
only holds true for unreactive mineral and synthetic oils. 
This is true because many compounded oils produce 
lubricating films of different nature which act differently 
and have operating limits which are different from those 
formed by unreactive minerals and synthetic oils. At 
least six types of lubricating films are recognized: 


Hydrodynamic Films 


These films are formed with all liquid lubricants and 
obey the laws of hydrodynamics. With gears, the load 
carrying capacity of these films is low. Hydrodynamic 
films exist in the region of thick film lubrication shown 
in Fig. 1. 


Quasi-hydrodynamic (or Boundary) Films 


These films are formed by unreactive mineral and syn- 
thetic oils at loads exceeding the limits of hydrodynamic 
films. The nature and behavior of these films are not yet 
fully understood. Some abrasive wear usually occurs 
during the quasi-hydrodynamic lubrication. 


Extreme Pressure Films 


Extreme pressure films are the products of reaction be- 
tween the gear metal and the active ingredient of an 
extreme pressure agent. These films are solids and 
necessarily do not obey the laws of hydrodynamics. 


“Oiliness” Films 


These films are the products of reaction between metal 
and “oiliness” agents which are usually fatty acids. These 
films are mostly soaps and only have a small effect on the 
load carrying capacity of lubricating oils. 


Build-up Films 

These films are coatings of various natures directly 
applied to the gear working surfaces. They could be 
graphite or molybdenum disulfide applied with some 
binding material, or could be platings of a softer metal. 


Heterogeneous Films 


These films are formed by materials, generally in- 
soluble in oil but capable of strongly adhering to metals. 
Products of oil decomposition (gum or sludges), certain 
sugars, hydroxy and dicarboxylic acids, etc., are ex- 
amples. As a rule, these films are durable and have high 
load carrying capacity. 

On account of the differences in operating behavior 
of different types of lubricating films it should be em- 
phasized that only data obtained with unreactive mineral 
and synthetic oils are discussed in this paper. The limits 
of the scoring phenomenon discussed are that of the 
medium speed zone of lubrication. 
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Relationship between scoring and contact time 


First, consider the nature of scoring. Scoring is the 
melting of the surface layers of the metal. Therefore, at 
the instant of scoring, the temperature of the gear tooth 
surface is equal to the melting temperature of the gear 
metal (approximately 1400C for steel). Such a high 
temperature rise could only be caused by high rates of 
heat generation which, in turn, depend on the speed and 
the load acting on the contacting surfaces. And while 
during contact, the working gear surfaces are not aware 
that they belong to a particular set of gears, they never- 
theless sustain the pressures and the velocities dictated 
by the load carried and the gear speed modified by the 
gear geometry. 

Consider the point of contact between mating gear 
teeth. As shown in Fig. 2, at any one point, it can be 





Fic. 2. Simulated gear teeth contact 


simulated by two radially loaded cylinders of radii 7, 
and r, corresponding to the radii of the pinion and the 
gear at the point under consideration. Under the load W, 
the cylinders deform and the width b of the contact, or 
Hertzian band is 


Wi tT. \ 
i= sony —( ) [1] 
ES m+ 1%, 


Hence, 6 is a function of load and gear geometry. By 
dividing the width of the contact band by the rolling 
velocity wr where w is the angular velocity of the gear 
and r the radius of curvature at the point of contact, an 
expression for the contact time is obtained. 
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For r, = rp max, i.e., at the tip of the addendum of the 
pinion, Eq. [2] can be rewritten in terms of the four 
fundamental gear design parameters n,, nz, P and a. Tak- 
ing E = 30 X 10° psi, it becomes: 
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It follows that the contact time is the time required for 
a point on one tooth to traverse the Hertzian band of the 
mating tooth. The contact time was first introduced by 
Borsoff (3, 4) in the discussions of the possible causes 
of the increase in load carrying capacity of oils at high 
gear speeds. In 1959, Gatcombe et al. (5) developed gen- 
eral equations for evaluation of contact time and dis- 
cussed this parameter in the light of involute spur gear 
geometry. 

Equations [2] and [3] show that the contact time is 
related to speed through the rolling velocity. However, 
all experimental evidence indicates that scoring is af- 
fected by the sliding velocity. It is nonexistent at the 
pitch circle, where the sliding velocity is zero and it 
starts and is the heaviest on the addendum and the 
dedendum of a gear tooth where the sliding velocity is 
the highest. This suggests that the sliding velocity be 
substituted to the rolling velocity in the development of a 
scoring factor S;. Thus 
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The scoring factor S; becomes: 
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where E (modulus of elasticity) = 30 « 10® psi. Taking 
the addendum of the pinion as a reference surface (here 
the load is divided by 2 as it is carried by 2 sets of teeth) 
Eq. [4] becomes: 
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This is the general equation for the scoring factor Sy, 
for all steel involute spur gears. 


In terms of the four fundamental gear design param- 
eters Eq. [5] can be written: 


A Scoring Factor for Gears 


Application of the proposed scoring factor S, 


The validity of the proposed scoring factor S; was 
checked by the data of three separate investigators (2, 
6, 7). 

The gears used by these investigators were of different 
geometry; therefore the factor of Eq. [5] 
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was evaluated for each set of gears and the results are 
given in Table 2. 

In the first set of data the oils were: 1010 mineral 
oil, v (100 F) = 9.97, v (210 F) = 2.5; SAE 30 mineral 
oil, v(100F) = 132.2, v(210F) = 10.6; SAE 60 
mineral oil, v (100 F) = 393.0, v (210 F) = 26.0. 

The values of scoring factor S; for these oils are 
tabulated in Table 3 and presented graphically in Fig. 3. 
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Fic. 3. Relation between score load and scoring factor. Data 
from Ref. (2). 


In the second set of data the oils were: R-4 (1065 
mineral oil), v (100 F) = 103.4, v (210 F) = 11.2; T-2 
(a synthetic oil), v (100 F) = 13.9, v (210 F) = 3.5. 

The results are given in Table 4 and plotted in Fig. 4. 
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TABLE 2 
Gear Design Factors and Equations for Scoring Parameter@ 





Gear Design Factors 


No. of No. of 
teeth teeth Diameter Pressure 

















pinion = gear pitch angle Equation for scoring parameter 
Set Author (n,) (n,) (P) degrees (S, microseconds) 
Wi1/2 
1 Borsoff (2) 17 19 6 20 S, = 2.0236 x 10% x 
N 
p 
Wi2 
2 Ku and Baber (6) 28 28 8 22° 30° S_ = 3.5213 X 10° x ——— 
N, 
Wwi/2 
3 Mansion (7) 15 16 4.769 26° 19’ Sy = 2.5300 & 108 x 
N 





“ For Gears Used by Various Authors. 


TABLE 3 


Scoring Factor (S,) with Various Mineral Oils » 








1010 Mineral Oil SAE 30 Mineral Oil SAE 60 Mineral Oil 
Pinion Load W Sr Load W S- Load W S; 
speed (rpm) (Ib/in) Wi/2 (usec) (Ib/in) Wwi/- (usec) (Ib/in) Wwi/2 (usec) ‘ 
1000 3560 59.6657 120.74 4560 67.5278 136.65 6360 79.7496 161.38 
1200 2440 49.3963 83.29 3480 58.9915 99.48 5180 71.9722 121.37 
1400 1900 43.5889 63.00 2920 54.0370 78.12 4680 68.4105 98.88 k 
1600 1560 39.4967 49.95 2500 50.0000 63.24 4260 65.2686 82.55 
1800 1300 36.0556 40.53 2220 47.1169 52.96 3960 62.9285 70.75 ] 
2000 1120 33.4664 33.86 2000 44.7214 45.25 3760 61.3188 62.04 
2500 820 28.6356 23.19 1600 40.0000 32.38 3360 57.6955 46.92 ; 
3000 620 24.8998 16.80 1400 37.4166 25.23 3120 55.8570 37.67 : 
3500 500 22.3607 12.93 1240 35.2136 20.36 2960 54.4059 31.46 . 
4000 400 20.0000 10.12 1180 34.3511 17.38 2840 53.2916 26.96 ” 
4500 360 18.9737 8.53 1120 33.4664 15.05 2760 52.5357 23.63 . 
5000 320 17.8885 7.24 1080 32.8634 13.30 2700 51.9615 21.03 
6000 300 17.3205 5.84 1100 33.1663 11.18 2600 50.9902 17.16 
7000 300 17.3205 5.01 1120 33.4664 9.67 2520 50.1996 14.51 
8000 320 17.8885 4.52 1160 34.0588 8.61 2500 50.0000 12.65 
9000 360 18.9737 4.26 1200 34.6410 aad 2520 50.1996 11.28 
10,000 400 20.0000 4.05 1240 35.2136 743 2560 50.5964 10.23 
12,000 480 21.9089 3.69 1360 36.8782 6.22 2660 51.5752 8.70 
14,000 540 23.2379 3.36 1480 38.4708 5.56 2780 52.7257 7.62 
15,000 600 24.4949 3.30 1540 39.2428 5.29 2920 54.0370 7.30 
16,000 640 25.2982 3.20 1620 40.2492 5.09 3040 55.1362 6.97 
18,000 720 26.8328 3.02 1880 43.3590 4.86 3340 57.7927 6.49 
20,000 860 29.3258 2.96 2220 47.1169 4.77 3700 60.8276 6.15 
25,000 1300 36.0556 2.91 4200 64.8074 5.24 5600 74.8332 6.05 


30,000 4360 66.0303 4.25 _ _ — — — a 





@ Data from Ref. (2). 
wi2 
b S; = 2.0236 x 10° x ——. 
N 
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TABLE 4 
Scoring Factor (S,) with Mineral and Synthetic Oils*» 
OIL R4 OIL T-2 
Speed Load Speed Load 
a. W Ss a W S, 
(rpm) (Ib/in) Wile (usec) (rpm) (Ib/in) wi/2 (usec) 
1825 5860 76.551 143.8 2000 7650 87.464 154.0 
1950 5280 72.664 131.2 2500 6250 79.246 111.6 
2125 4740 68.848 114.1 3000 5350 73.144 85.8 
2500 4120 64.187 90.4 3500 4700 68.557 68.9 
3125 3500 59.161 66.7 4000 4240 65.115 57.3 
3720 3120 55.857 52.9 4500 3860 62.129 48.6 
5000 2580 50.794 35.8 5000 3650 60.415 42.5 
6250 2280 47.749 26.9 6000 3180 56.392 33.1 
7500 2000 44.721 21.0 7000 2840 53.292 26.8 
8750 1760 41.952 16.9 8000 2600 50.990 22.4 
10000 1620 40.249 14.2 9000 2400 48.990 19.2 
11250 1620 40.249 12.9 10000 2270 47.645 16.8 
13750 1910 43.704 11.2 12500 2320 48.166 13.5 
15000 2200 46.904 11.0 15000 2620 51.186 12.0 
@ Data from Ref. (6). 
wi/2 
b S, = 3.5213 X 103 x 
N, 
TABLE 5 
S- Scoring Factor (S,) with Various Mineral Oils 
(usec) Light naphthenic oil A blend Light paraffinic oil 
121.3 hae y WT 
one WwW Ss Ww Ss W S; 
82.58 RPM (Ib/in) wi/- (usec) (Ib/in) W1/2 (usec) (Ib/in) wi/2 (usec) 
55 cole — —_—— - en —— 
70.75 1000 11700 108.166 273.65 9320 96.540 244.24 6140 78.358 198.24 
62.04 1500 7840 88.544 149.34 5680 75.366 127.12 3520 59.330 100.07 
46.92 2000 5680 75.366 95.26 4100 64.031 81.00 2270 47.645 60.27 
37.67 2500 4320 65.803 66.59 3000 54.772 55.45 1700 41.231 41.72 
oper 3000 3680 60.663 51.16 2500 50.000 42.17 1590 39.875 33.62 
26.96 3500 3020 54.954 39.72 2040 45.166 32.65 1360 36.878 26.62 
23.63 4000 2840 54.292 34.33 1700 41.231 26.08 1360 26 878 23.32 
21.03 4 Data from Ref. (7). _— 
gon b S, = 2.5300 X 103 x -——. 
14.51 N 
12.65 : 
11.28 
10.23 
a TABLE 6 
7 30 Score Load—Scoring Factor Equations for Oils Tested 
6.97 Set Author No. Oil Equation 
6.49 1 Borsoff (2) 1 1010 Mineral oil L=28 S,+ 160 
6.15 2 SAE 30 Mineral oil L= 28.3S,+ 690 
6.05 3 SAE 60 Mineral oil L = 24.8 S, + 2170 
-— 2 Ku and Baber (6) 4 1065 Mineral oil L = 31.2 S, + 1375 
5 A synthetic oil L= 43.1S,+ 1630 
3 Mansion (7) 6 A light naphthenic oil L = 43.4 S, + 1380 
7 A blend L= 38.6S,+4 840 
8 A light paraffinic oil L=31.3S,+ 390 














In the third set of data, the scoring factor S; was 
calculated for three oils: a light naphthenic oil, a blend 
and a light paraffinic oil. Unfortunately no viscosity data 
were included. The results for these oils are given in 
Table 5 and plotted in Fig. 5. 
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Fic. 5. Relation between score load and scoring factor. Data 
from Ref. (7). 


The graphs obtained from these three sets of data are 
clearly similar. In every case, the relationship between 
score load and scoring factor S; is a straight line, having 
an equation of the form L = aS; + C. The equations 
for the oils tested are given in Table 6. 

The next step is to see whether the load-scoring factor 
relationship for a common oil but tested with different 
gears is similar. Ideally, this could be proven by study- 
ing the data obtained with the same oil tested with 
gears of different geometry. Unfortunately, such data 
are not available. However, Table 6 shows that quite 
similar oils (oils 2 and 4) have somewhat different equa- 
tions. 

Here, it should be remembered that score load ratings 
of oils are affected by many factors, besides gear 
geometry, speed and load. It is known, for example, that 
surface finish, hardness, tolerances, as well as such 
operating variables as temperature, lubricant flow-rate, 
etc., influence the results. It follows, therefore, that the 
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tests for validity of the scoring factor S; as a universal 
parameter should be performed with gears of different 
geometries, but keeping the other gear construction fac- 
tors and operating variables similar. 


Summary 


A new scoring factor S; which is related to contact 
time but based on sliding velocity has been offered. This 
investigation shows that for all unreactive mineral and 
synthetic oils the relationship between score load and 
the scoring factor S; is a straight line, irrespective of the 
geometry of the gears. The equation for these straight 
lines is: 

b= ae + C. 


The scoring factor S; which is the ratio of the width 
of the Hertzian band to the sliding velocity can be cal- 
culated for all mechanical elements subjected to scoring. 
It should be, therefore, a general expression and uni- 
versal in nature. It is suggested that this method be 
tested not only in gears but in different mechanical sys- 
tems. 
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DISCUSSION 


WittiAM J. Derner (Wright Aeronautical Division, Curtiss- 
Wright Corp., Woodridge, New Jersey): 


It is a pleasure to consider this refreshing approach to the com- 
plicated problem of gear lubrication. Since Mr. Borsoff presented 
his basic test data in late 1958, a number of efforts have been 
made to explain and apply his promising findings. These efforts 
have not been completely successful since they could not account 
for the significance of such interacting variables as (a) lubricant 
pressure-temperature-viscosity relationships, (b) surface finish in 
the load-carrying area, and (c) normal gear design modifications 
(tip relief and adjusted addenda). The author’s presentation is 
a serious attempt to take advantage of the original data and to 
apply it in a useful form. 


The equation relating load-carrying capacity to the “scoring- 
factor” has been simplified by representing the lubricant prop- 
erties by a constant. My first question is how does the author 
intend the “scoring-factor” equation, or a modification thereof, to 
represent the lubricant over a range of temperatures? Secondly, 
has the author considered and attempted to apply the data and 
results reported by Kelley and Benedict (A7), Misharin (A2), 
Ku and Baber (A3), and MacConochie (A4)? If so, could the 
lubricant expression be expanded by some approximation of their 
work ? 

In many areas, it is recognized that scoring would prohibit suc- 
cessful operation if tip relief and a reduction in approach-action 
were not incorporated in the design. In light of the success of 
such practical efforts to utilize present-day lubricants and gear 
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materials over a wider range of loads and speeds, it would seem 
desirable to consider such practices in a discussion of scoring. 
Iiow has the author attempted to include these additional effects 
on gear tooth action? 

In view of the variance in comparative score-load ratings of 

number of lubricants when evaluated on FZG, IAE and Ryder 
machines, it seems important to consider the difference between 
these test methods. Has the author considered, and would he 
care to comment on the pertinent work of Niemann, Rettig and 
Lechner (A5) ? 
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EARLE A. Ryper (Consulting Engineer, West Hartford, Connecti- 
cut): 


Over the years we have been indebted to Mr. Borsoff for many 
papers resulting from his numerous researches into the funda- 
mentals of gear testing. Experimenters in this field are unanimous 
in stating that there is no royal road to valid results, such as 
the use of some small scale bench test using specimens other 
than gears. Efforts to systematize test results in such a way as 
to allow prediction of load capacity of gears under specified 
(new) conditions are only to be applauded. 

The use of Hertz stress or square root of the scoring load 
as a parameter in this analysis is not exactly new, as it was recom- 
mended in my discussion of Mr. Borsoff’s earlier paper. (Borsoff 
et al., “Effect of Oil Viscosity on the Power Transmitting Capacity 
of Spur Gears,” Trans. ASME, 1951.) I am of course gratified by 
the recognition of this principle in the present paper. 

The curves of scoring load versus scoring factor, Figs. 3 and 
4, could well be limited to the straight portion, since the equations 
presented in Table 6 obviously do not apply to the hook. When 
these equations are plotted together, a wide spread is noted, 
suggesting for one thing that some way of getting viscosity into 
the picture could improve the correlation between results for 
similar non-reactive oils. 

It is evident that the authors have expended much work on 
the analysis of gear test data in an effort to come up with a 
meaningful parameter for predicting load carrying capacity. Will 
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they please explain just how it is to be used? Along with its 
description of the test gears, the scoring factor contains two 
variables, the score load and the speed. Now the score load is the 
answer we seek, so this means we have to have the answer to 
get the answer! 

The proposal in this paper results not in a single line but in a 
whole family of lines. Would we not be better off with a family 
of curves based on speed alone? Please tell us exactly how to 
use the equations of Fig. 6, or any similar ones, for different gears 
or oils. 


AuTHors’ CLOSURE: 
Answering Mr. Derner’s questions: 


(1). The equation W = aS, + C representing the relation be- 
tween failure load W and scoring factor S, can be modified to 
include the effect of temperature, first, by taking into account 
the effect of temperature on viscosity and, second, by correcting 
for viscosity as shown in Fig. 11 of the authors’ reference (4). 

(2). The data of Benedict and Kelley (41), Misharin (A2) and 
MacConochie (A4) cannot be applied to these investigations. 
These authors were studying scoring while the studies reported 
in (A1) and (A2) were concerned with the coefficient of friction 
at loads below the failure loads. The work described in (A4) 
was also carried out at loads below that of the score load. The 
data of Ku and Baber (A3) were included in the authors’ paper. 

(3). Profile modification (tip relief) is beneficial as it decreases 
the tooth deflection and reduces the load on the part of the 
tooth where sliding is the highest, thus affecting the Hertzian 
width b. The effect of tip relief therefore automatically enters 
the equation for the scoring factor S; = b/V,. 

(4). Comments and discussion of the Niemann, Rettig, and 
Lechner paper (A5) by one of the authors can be found on page 
85, ASLE Trans. 4(1), April, 1961. 


In answering Mr. Ryder’s comments the authors wish to point 
out that the proposed scoring factor S, is not merely a square 
root of the score-limited load but is the ratio of Hertzian width 
to sliding velocity. 

The authors agree that the curve in Fig. 3 and Fig. 4 could be 
limited to the straight portion. The hooks were included only to 
show the performance of gear oils in the high speed region. The 
authors also agree that the introduction of viscosity into the 
equation is highly desirable. However, previous experience indi- 
cates that viscosity alone (even corrected for temperature and 
pressure) does not furnish a complete solution and other prop- 
erties of oils have to be considered (4). 

As stated in the Introduction, the scoring factor S, is a novel 
way of expressing the relationship between failure load and speed. 
It was introduced with the hope that it will serve as a step 
toward a better understanding of the scoring problem. The prac- 
tical use of this scoring factor to some degree depends on its 
validity as a universal parameter which yet has to be proved. 
The authors hope that the necessary data will be secured in the 
near future. 
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Effect of Lubricants on Rear Axle Pinion Bearing Break-In 


By RALPH McCLINTOCK! 


The effect of lubricants on rear axle pinion bearing break-in has been studied in a motored dif- 
ferential carrier assembly. The pinion torques and lubricant temperatures measured with a multi- 
purpose lubricant were higher than those observed with a lead soap-active sulfur lubricant whereas 
the bearing wear was lower. Preheat treatment of the multipurpose lubricant was effective in 
producing more rapid pinion bearing break-in and lower lubricant temperatures. A zinc dialkyl- 
dithiophosphate was found to exert a predominant effect on break-in as compared to sulfurized 
terpenes and chlorinated paraffins when these additives were blended with a straight mineral oil. 
It has been concluded that a zinc organodithiophosphate may control pinion bearing break-in with 


the multipurpose lubricant. 


Introduction 


REAR axle break-in tests conducted in automobiles (7) 
at the author’s laboratories have shown that lubricant 
temperatures with multipurpose type gear lubricants (of 
the sulfur-chlorine-zinc-phosphorus type) may be as 
much as 100F higher than the temperatures with a 
lead soap-active sulfur lubricant. In addition, lubricant 
temperatures measured at several positions in the axle 
indicated that an appreciable amount of the heat gen- 
erated during rear axle break-in was produced in the 
tapered roller pinion bearings. 


Temperature differences of the same magnitude were 
observed during pinion bearing break-in tests run in a 
motored differential carrier assembly, where again the 
pinion bearings were found to generate a considerable 
amount of heat. This paper describes additional break-in 
tests run in a motored differential carrier assembly to 
find the reasons for the great difference in temperature 
between a multipurpose lubricant and a lead soap-active 
sulfur lubricant. The tests included a study of lubricant 
temperature, dynamic pinion torque, and pinion bearing 
wear. 


Equipment and test procedure 


A diagram of the test differential carrier assembly is 
shown in Fig. 1. A 1960 passenger car differential carrier 
assembly was used, and the pinion was coupled directly 
to the output shaft of a 15 hp dynamometer equipped to 
measure dynamic pinion torque. Sump lubricant tem- 
perature was measured with an iron-constantan thermo- 
couple installed in the axle housing near the ring gear. 

The pinion bearings were 20° tapered roller bearings. 
Before each test, the disassembled bearings were washed 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Pittsburgh, Penn- 
sylvania, October 16-18, 1962. 

1 Research Chemist, General Motors Research Laboratories, 
Warren, Michigan. 
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Pinion bearing break-in tests, differential carrier 


in a mixture of equal parts of acetone, chloroform, and 
toluene, and the cone and rollers were weighed on an 
analytical balance. (Cone and roller wear are considered 
to be more critical than the cup and cage wear during 
break-in.) After the bearings had been washed, they 
were assembled and the cages were closed in dies. The 
bearings were washed and weighed again at the end 
of each test. 

After the pinion bearings had been prepared and 
the gears, side bearings, and housing washed in a 
commercial organic cleaner, the differential carrier was 
assembled. A preload was applied to the pinion bearings 
that resulted in a torque of 35 inch-pounds when the 
pinion was turned slowly with a torque wrench. This is 
the maximum torque suggested by the manufacturer. This 
preload torque represented an applied thrust load to 
the bearings of about 1800 pounds. It is realized that, 
due to variation in friction with change in lubricant, 
the adjusted pinion torque might not always have rep- 
resented a preload of exactly 1800 pounds. This preload 
was essentially the only load applied to the bearings 
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Rear Axle Pinion 


during the tests. The ring gear and differential side 
bearings were installed only as a means of providing a 
normal supply of lubricant to the pinion bearings. 
Measurements made in earlier work indicated that these 
components, when broken-in, and with no axle load, 
generated only a small portion of the total heat. 

No means were provided to control lubricant tempera- 
ture, but an electric fan was used to move the air around 
the axle housing. With a pinion speed of 3000 rpm 
(equivalent to about 68 mph), a test duration of 8 
hours was found to provide adequate time for pinion 
bearing break-in to occur and equilibrium conditions to 
be established. 


TABLE 1 
Pinion Bearing Break-In Tests 
Test Conditions 





Pinion speed 3000 rpm 
Pinion bearing preload torque 35 inch-pounds 
Axle load None 
Lubricant volume 2 quarts 
Lubricant temperature Not controlled 
Test duration 8 hours 





The test conditions are shown in Table 1. The lubri- 
cants and additives used are tabulated in Table 2 along 
with pertinent elemental analyses. 


Discussion 


BrREAK-IN WiTH Leap Soap-AcCTIVE SULFUR AND 
MULTIPURPOSE LUBRICANTS 


Differences in break-in between the lead soap-active 
sulfur and multipurpose lubricants are illustrated by 
the temperature and torque curves shown in Figs. 2 and 
3. Both temperature and torque are useful in following 
the course of pinion bearing break-in. Break-in is as- 
sumed to have been completed when pinion torque and 
lubricant temperature reach equilibrium. 

The active-sulfur lubricant was characterized by the 
attainment of equilibrium temperature within about 1 
hour. In contrast, the temperature curve for the multi- 
purpose lubricant was distinctive because of a tempera- 
ture maximum after 1 to 2 hours, followed by a rapid 
decrease to equilibrium at about 5 hours. 

Changes in torque and lubricant temperature were 
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Fic. 3. Lubricant effect on pinion torque, 3000 rpm—35 in-Ib 
preload torque. 


closely related. Torque, as is shown in Fig. 3, was at 
equilibrium in about 1 hour with the lead soap-active 
sulfur lubricant whereas 5 hours were required with 
the multipurpose lubricant. These times correspond to 
the times necessary for equilibrium temperature to result. 
The rapid decrease in temperature starting after about 
3 hours with the multipurpose lubricant was probably 
due to a concurrent rapid decrease in dynamic pinion 
torque. Equilibrium torque and temperature were some- 
what higher with the multipurpose lubricant, whereas 
bearing weight losses were lower than with the active- 


TABLE 2 
Test Lubricants and Additives 





Axle lubricant Viscosity, cs 


Weight per cent 

















or additive 100 F 210 F Sulfur Phosphorus Zinc Chlorine Lead 
Multipurpose 244.2 16.65 2.66 0.31 0.26 1.22 —1 
Lead soap-active sulfur 247.5 17.70 4.10 <0.01 <0.01 N.D. 1.12 
SAE 50 straight mineral oil 262.1 20.60 N.D.? N.D. N.D. N.D. — 
Sulfurized terpenes -— a 42.0 — -- — ao 
Chlorinated paraffins -- a a = -- 41.0 — 
Zinc dialkyldithiophosphate — — 16.5 8.1 8.3 — — 





“ Not measured. 
> Not detected. 
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sulfur lubricant, implying lower wear rate during the 
break-in. Break-in data pertinent to the two lubricants 
are shown in Table 3. 

The relatively low lubricant temperatures resulting 
during break-in with a lead soap-active sulfur lubricant 
are thought to be due to the primary extreme pressure 
agent, active sulfur (2, 3). The active sulfur is believed 
to react readily with the bearing surfaces, even at lubri- 
cant temperatures only slightly above room temperature, 


TABLE 3 
Break-In Data 
Range of Values 

3000 rpm, 35 in-lb Preload 





Equil. 
Lubri T oF) Dynamic 
No. Wear : subricant emp. ( Torque 
Lubricant tests (mg) Max. Equil. (In-Ib) 
Multipurpose 3 31.0-78.1 277-319 210-225 28-40 
(Avg. 51.4) 
Active-Sulfur 2 84.1-93.3 184-192 180-190 19-25 


(Avg. 88.7) 





to form compounds that are easily wiped away due to 
the rubbing action between the surfaces as the bearings 
rotate. The bearing wear rate is high enough that the 
preload on the bearings begins to decrease very soon 
after the bearing rotation is started, and as a result 
equilibrium temperature and torque result relatively 
soon. 


It is believed that the multipurpose lubricant con- 
tains a zinc organodithiophosphate, as well as sulfur and 
chlorine compounds, such as sulfurized terpenes and 
chlorinated paraffins. The observation has been made 
(4-6) that some thermal decomposition of a zinc organo- 
dithiophosphate may occur before it becomes effective 
as an extreme pressure agent. There have been indica- 
tions (7) that temperatures greater than 300F are 
necessary for the decomposition of some of the com- 
mercial materials. A possible reason for the temperature 
peak with the multipurpose lubricant might be as fol- 
lows, if the zinc organodithiophosphate is assumed to 
exert the predominant effects among the additives pres- 
ent. The zinc organodithiophosphate exerts some anti- 
wear benefit even at relatively low temperatures. A suf- 
ficient amount of heat must be generated to decompose 
enough of the zinc organodithiophosphate to form 
products that cause corrosive wear of the bearings, and 
thus initiate break-in wear. This wear would be initiated 
at about the same time that the temperature peak 
occurs, and the temperature would decrease rapidly as 
the wear caused a decrease in applied load. 


PREHEAT TREATMENT OF THE MULTIPURPOSE LUBRICANT 


In order to determine if decomposition of the additive 
materials might be beneficial to bearing break-in, it was 
decided to run break-in tests with multipurpose lubricant 
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that had been preheated at temperatures approximating 
the decomposition temperature of the zinc organodithio- 
phosphate believed to be present. It was thought that 
some of the decomposition products might cause cor- 
rosive wear of the pinion bearings, thus allowing more 
rapid break-in and preventing the higher temperatures 
normally encountered during the early part of the 
break-in. 

Consequently, several portions of the multipurpose 
lubricant were heated for 19 hours at 300 and 360 F in 
beakers partially immersed in an oil bath. Several steel 
bearing rollers were put in each beaker to provide metal 
surfaces as a catalyst to initiate any decomposition 
reactions, if such a catalyst were necessary. Gas with 
a sulfurous odor was observed escaping at both tem- 
peratures, and large quantities of sludge were formed. 
The sludge formed at 300 F was soft and voluminous, 
whereas that formed at 360 F was dense and hard. Since 
suspension of the sludge would have been very difficult, 
only the supernatant liquids were saved for the break-in 
tests. Elemental analyses were run on the fluids and 
are represented in Table 4 as percentage change in 
elemental concentration. This table will be referred 
to again later. 

TABLE 4 
Preheating Effect on Elemental Concentrations 
Multipurpose Lubricant 





a a W eight per cent change 
Temp. (°F) Zn P Cl S 
No preheat 0.0 0.0 0.0 0.0 
300 —1.7 —16.2 + 9.0¢ — 28.6 
360 —68.4 —92.6 —31.6 —37.6 





@ Doubtful since no appreciable evaporation losses were detected. 


The preheat treatment resulted in significant changes 
in the temperatures observed during break-in, as is 
shown in Fig. 4. Large decreases were apparent in both 
the maximum lubricant temperature and the time during 
which the elevated temperatures, prior to equilibrium, 
persisted. The maximum temperature decreased from 
an average of 295 F with the nonpreheated lubricant 
to 254 F with the lubricant preheated at 300F and to 
an average of 209F with the lubricant preheated at 
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Fic. 4. Preheating effect on break-in temperature with multi- 
purpose lubricant, 3000 rpm—35 in-lb preload torque. 
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360 F. The preheating also resulted in somewhat lower 
equilibrium temperatures. 

Corresponding dynamic pinion torque data are il- 
lustrated in Fig. 5. It is obvious that the torque de- 
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Fic. 5. Preheating effect on break-in torque with multipurpose 
lubricant, 3000 rpm—35 in-lb preload torque. 


creased to an equilibrium level much more rapidly (1-2 
hours) with the preheated lubricant than with the non- 
preheated lubricant (about 5 hours). Despite the fact 
that break-in occurred more rapidly with the lubricant 
preheated at both 300 and 360F than with the non- 
preheated lubricant, significant increase in wear over 
the 8-hour period was shown only with the lubricant 
preheated at 300 F. However, initial wear rates may 
have been higher with the lubricant preheated at 360 F 
than with the nonpreheated lubricant. No significant 
differences in equilibrium torque resulted. The data are 
summarized in Table 5. 


TABLE 5 
Effect of Preheating Multipurpose Lubricant 
Range of Values 
3000 rpm, 35 In-lb Preload 





Equil. 
’ dynamic 

Preheat No.of Wear Lubricant temp. (°F) torque, 

temp. (°F) tests (mg) Max. Equil. (In-lb) 

No preheat 3 31.0-78.1 277-319 210-225 28-40 
(Avg. 51.4) 

300 1 98.2 254 210 34 

360 2 42.8-76.4 202-215 187-196 23-30 

(Avg. 59.6) 








The temperature curve shown in Fig. ‘ for the lubri- 
cant preheated at 360 F has about the same shape as 
the curve shown earlier for the lead soap-active sulfur 
lubricant. The active-sulfur lubricant is considered to 
be one of the most chemically active rear axle lubricants 
available since break-in occurs rapidly with relatively 
high wear rates. It would then appear that the multi- 
purpose lubricant may have been made more chemically 
active by the preheating, in view of the data obtained. 

Referring back to Table 4, it is seen that propor- 


tionately greater amounts of zinc and phosphorus than 
of chlorine were lost in the sludge by preheating the 
multipurpose lubricant at 300 F. Proportionately greater 
amounts of zinc and phosphorus than of chlorine and 
sulfur were removed at 360F. Since loss of zinc and 
phosphorus reflects a loss of zinc organodithiophosphate, 
it is possible that preheating resulted in more rapid and 
cooler pinion bearing break-in because of the removal 
of the zinc organodithiophosphate from the lubricant. 
The removal of this additive may have allowed other 
additives or materials containing chlorine and sulfur, 
that promote more rapid break-in due to corrosive wear, 
to become effective. However, the percentage loss of 
phosphorus was significantly greater than the loss of 
zinc at both 300 and 360F, indicating that formation 
of new, more active materials corrosive to the bearings 
might also have been a factor in the more rapid break-ins. 


BEARING SURFACE FILMS 


The bearings run in the multipurpose gear lubricant 
that had been preheated at 360 F had a blackish, trans- 
lucent film on the rolling and sliding contact surfaces. 
The thrust ends of the rollers run in the preheated 
lubricant and the rollers from a set of bearings run in 
nonpreheated lubricant were examined by X-ray fluores- 
cence for the presence of zinc, phosphorus, sulfur, and 
chlorine. 

All four elements were detected, but the zinc and 
phosphorus are of greatest interest. The phosphorus- 
to-zinc atomic ratios in the surface films are shown in 
Table 6. These data indicate that the zinc and phosphorus 


TABLE 6 
Phosphorus:Zinc Atomic Ratios 





P:Zn 
Atomic ratio, 
surface film 


Lubricant preheat 
temperature (°F) 


No preheat 0.90:1 
300 ey | 
360 35:1 





in the films are not in the form of zinc organodithio- 
phosphate, which has a theoretical P:Zn atomic ratio 
of 2:1, and that decomposition of the additive results 
during operation, whether or not the lubricant has been 
preheated. In addition, the measured P:Zn ratio in the 
nonpreheated lubricant was 2.5:1, thus indicating some 
impurities containing zinc and phosphorus in the lubri- 
cant. 


EXTREME PRESSURE ADDITIVES 


To determine just how much effect, with respect to 
other additives, zinc dialkyldithiophosphate might exert 
on pinion bearing break-in, such a material and two 
other additives, chlorinated paraffins and sulfurized ter- 
penes, similar to additives which might be in the multi- 
purpose lubricant, were compounded in several combina- 
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Break-In Tests 
Range of values 
3000 rpm, 35 In-lb preload 








Equil. 
Lub oF dynamic 
Weight per cent No. of Wear pei amp. CF) —_— torque 
Lubricant element tests (mg) Max. Saquil. (In-lb) 
Mineral oil — 2 8.6-9.0 191-233 189-196 30-34 
(Avg. 8.8) 
Multipurpose qa 3 31.0-78.1 277-319 219-225 28-40 
(Avg. 51.4) 
Mineral oil + sulfurized terpenes 2.0S 1 65.2 192 183 26 
Mineral oil + zinc dialkyldithiophosphate 0.3 Zn 1 11.0 226 186 27 
Mineral oil + chlorinated paraffins 1.2:C) 1 198 222 181 25 
Mineral oil + zinc dialkyldithiophosphate 0.3 Zn 1 15.3 238 194 28 
+ chlorinated paraffins 1.2 Cl 
+ sulfurized terpenes 2.0S 
Lead soap-active sulfur a 2 84.1-93.3 184-192 180-190 19-25 
(Avg. 88.7) 





@ See Table 2. 


tions with an SAE 50 straight mineral oil, and break-in 
tests were run. The additive concentrations were chosen 
so that the percentages of zinc, sulfur, or chlorine in the 
finished blends were approximately the same as those 
found in the multipurpose lubricant. The data are tabu- 
lated in Table 7. 

The effects of the additives on the torque character- 
istics of the straight mineral oil are shown in Fig. 6. 
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Fic. 6. Effect ot additive type on break-in torque, 3000 rpm— 
35 in-lb preload torque. 


The break-in torques were somewhat lower with both 
the zinc dialkyldithiophosphate and the chlorinated 
paraffins than with the mineral oil, but break-in times 
were about the same. In contrast, with the sulfurized 
terpenes equilibrium torque was achieved in about one- 
fifth the time required with the straight mineral oil. The 
sulfurized terpenes curve is very similar to what might 
be expected with the active-sulfur lubricant. The torque 
curve resulting with mineral oil containing all three 


additives was difficult to differentiate from the curve 
that resulted with mineral oil containing only zinc 
dialkyldithiophosphate. This is an indication that the 
zinc additive predominated. 

Noticeable changes in the break-in temperature curves 
resulted from the addition of each of the additives to 
the straight mineral oil, as seen in Fig. 7. A curve similar 
in configuration to either the straight mineral oil or an 
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Fic. 7. Effect of additive type on break-in temperature, 3000 
rpm—35 in-lb preload torque. 


active-sulfur lubricant resulted from the use of the 
sulfurized terpenes. However, the resulting temperatures 
were slightly lower than with the mineral oil alone. The 
presence of either chlorinated paraffins or zinc dialkyl- 
dithiophosphate resulted in temperature curves with 
peaks early in the break-in, similar to the curve for the 
multipurpose lubricant. The temperature curve resulting 
from the use of all three additives also resulted in the 
peak-type curve, but with higher maximum temperatures 
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than with either the chlorinated paraffins or zinc dialkyl- 
dithiophosphate alone, and lower than with the multi- 
purpose lubricant. The effect of the sulfurized terpenes 
seems to have been minimized when these other additives 
were present. 

The bearing weight losses tabulated in Table 7 also 
reflect differences in additive type. The bearing weight 
loss with straight mineral oil was low despite the fact 
that flange galling had occurred. Although all three 
additives improved the general condition of the bearings 
by eliminating the galling, increased bearing wear, as 
measured by weight loss, resulted. Bearing wear was 
extremely high (198 mg) in the presence of chlorinated 
paraffins, whereas moderate wear (65.2 mg, about the 
same amount of wear as with the active-sulfur lubri- 
cant) resulted with the sulfurized terpenes. The wear 
measured with only zinc dialkyldithiophosphate in the 
mineral oil (11.0 mg) was only slightly lower than the 
wear that occurred with all three additives in the mineral 
oil (15.3 mg). Zinc dialkyldithiophosphate apparently 
blocked out the high wear characteristics of the sulfurized 
terpenes and chlorinated paraffins, once again indicating 
that the zinc additive controlled the rate of bearing 
break-in and the resulting temperatures. 


Summary 


The data discussed have not confirmed the idea that 
decomposition of a zinc organodithiophosphate is neces- 
sary for break-in wear to be initiated with a multipurpose 
lubricant of the sulfur-chlorine-zinc phosphorus type. 
However, the break-in data obtained with preheated 


multipurpose lubricant suggest that the zinc additive is 
the break-in controlling material since its loss from the 
lubricant resulted in more rapid break-in. The zinc 
dialkyldithiophosphate in mineral oil appeared to control 
the amount of bearing wear, even in the presence of the 
chlorinated paraffins and sulfurized terpenes. The torque 
curve for the zinc dialkyldithiophosphate-mineral oil 
mixture was almost a duplicate of the torque curve with 
the mineral oil containing all three additives. It may be 
that the key to the mechanism of rear axle pinion bearing 
break-in with the multipurpose lubricant is the mecha- 
nism of break-in with zinc organodithiophosphate. 
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DISCUSSION 


T. B. Sanps (The Monsanto Chemical Co., St. Louis, Missouri): 


Mr. McClintock and his company are to be congratulated for 
continuing their studies of a phenomenon first noted by them 
several years ago. Their work, as reported in this paper, raises 
some questions which we hope they can readily answer. If not, 
we are suggesting that perhaps they may want to do some ad- 
ditional testing and report on it in the near future. 

As a representative of an additive manufacturer, it is impos- 
sible to pass up the opportunity to call to your attention that, 
although the elements found in the multi-purpose oil were dupli- 
cated with common additive component types, the results be- 
tween Oil 2, the multi-purpose oil, and Oil 6, the matching 
blended oil, as shown in Figs. 6 and 7 were significantly different, 
thus proving, we believe, that additive performance and com- 
pounding cannot be over-simplified. Perhaps there is still a place 
for those versed in the additive “black art.” 

From the pinion torque curves shown, it would appear that 
the multi-purpose oil levels out at about 33 in-lb whereas the 
lead soap active sulfur oil attains 24 in-lb, after 8 hours. We 
would like to ask what pinion preload (as determined by pinion 
torque) is desirable when the bearing is considered to be broken 
in. If we are to assume that a pinion torque of 24 in-lb, as ob- 
tained with the lead soap active sulfur after 8 hours, is satis- 
factory, it would be interesting to see the shape of the curves on a 


multi-purpose oil if the preload were reduced at the beginning 
of the test to a value which would give a torque of 24 in-lb 
at the end of 8 hours. 

It is reported that preheating the multi-purpose oil in a beaker 
to temperatures of 300 F and 360 F resulted in the formation of 
considerable deposits. Since the temperatures in the tests reported 
reached maximum temperatures exceeding 300 F, we would like 
to ask if deposits were formed in the bearing or differential car- 
rier during the tests on non-heat treated multi-purpose oil. Were 
analyses conducted on the used oil from the tests on non-pre- 
heated multi-purpose oil to determine additive depletion? It was 
reported that a visible film was formed on the bearings when 
run with heat treated multi-purpose lubricants. Was such a film 
observed on the bearings run on non-preheated multi-purpose 
oil? If so, were X-ray examinations made, and what did these 
show? 

As a final question, we wonder if it is possible for the author 
to reach any conclusions as to the relative desirability of slower 
bearing break-in as exhibited by the multi-purpose oil with its 
attendant lower wear and greater retained pinion preload as 
compared with the fast break-in and lower terminal preload ob- 
served with lead soap active sulfur lubricants? 

We believe that tests similar to these should also be conducted 
on the ring and pinion gears. It is to be hoped that someone will 
be able to conduct such tests and report on them in the future. 








A. Dorinson and V. E. BroMan (Sinclair Research, Inc., Harvey, 
Illinois) : 


The author has investigated his problem with a set of well- 
chosen experiments, and on the whole one could easily agree with 
his conclusions. There are, however, a number of points which 
we wish to examine in some detail. 

One such point is the question of the equilibrium torque value 
for the multipurpose lubricant. The author lists the extreme 
wear and torque values for three experiments (Table 3). Pre- 
sumably it is the average equilibrium torque value which is shown 
in Figs. 3, 5, and 6. One would be interested in where the third 
experimental value lies: close to one extreme or the other, or 
midway between them? The deviation of the individual data 
points from the smooth torque and temperature curves drawn 
for the multipurpose lubricant is of considerable consequence, 
for they enable one to assess the reliability of the distinction be- 
tween the multipurpose lubricant and the other lubricants shown 
by the curves as drawn in Figs. 6 and 7. 

Examination of the data in Table 7 does not reveal a difference 
in effect on maximum temperature, equilibrium temperature or 
equilibrium torque for the two oils compounded with zinc 
dialkyl dithiophosphate and chlorinated paraffin, respectively, any- 
where near as drastic as the wear values would indicate. Nor 
does inspection of Figs. 6 and 7 reveal that there are widely dif- 
ferent rate processes operative for the two oils. The most pro 
found effect of zinc dialkyl dithiophosphate seems to be exerted 
specifically on active sulfur, as exemplified by the composition 
containing both dithiophosphate and sulfurized terpene. 

One wonders, of course, just what goes on in the pinion bear- 
ing, to be affected by the lubricant. Is it wear of the roller ends 
and of the flange, is it a response of the frictional behavior, or is 
it both? What about the time-dependent progress of these 
phenomena? On these points the author’s experimental method 
leaves us somewhat unsatisfied, depending as it does on terminal 
weight loss determinations and time-dependent torque and tem- 
perature records of the entire rear-axle rig. Our feeling is that 
the author would not be able to go much deeper into the es- 
sential problem with the experimental device he has employed 
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in this investigation. It is to be hoped that he will not stop at this 
stage of the work but will follow up his leads with a refined tech- 
nique as competently as he has uncovered them. 


AuTHors’ CLOSURE: 


With regard to Mr. Sands’ remarks, the differences between 
Oils 2 and 6 in Figs. 6 and 7 do indicate that the multipurpose 
lubricant was not completely simulated by the base oil and/or 
additives selected. Tests currently in progress indicate that a base 
oil effect may have been present. The initial pinion bearing pre- 
load desired with any lubricant is that which allows enough 
load to be left after break-in to provide reasonably low change in 
position of the pinion gear relative to the ring gear during the 
life of the axle. Some deposits were observed in one of the tests 
with the multipurpose lubricant where the lubricant temperature 
was greater than 300 F. In this case some additive depletion from 
the lubricant was detected by chemical analysis. No visible surface 
film was observed on the bearings run with the non-preheated 
multipurpose lubricant, although, as indicated in the paper, zinc, 
phosphorus, sulfur, and chlorine were detected on the rollers. 
The multipurpose lubricant, with its lower wear rate and greater 
retained pinion bearing preload, is probably more desirable than 
the lead-soap active-sulfur lubricant, providing the higher lubri- 
cant temperature can be tolerated. 

In answer to the questions posed in the discussion of Messrs. 
Dorinson and Broman, the individual data points generally fell 
on the smooth curves in Figs. 6 and 7. Recent tests show that the 
differences among the several additive combinations shown in the 
figures are real. It would indeed be of interest to know why such 
a large wear difference was observed between the chlorinated 
paraffins and the zinc dialkyldithiophosphate, whereas the dif- 
ferences in lubricant temperature and pinion torque were so 
small. I do not know the answer. It would be helpful to learn 
the relative contributions of frictional and wear behavior of the 
lubricants to pinion bearing performance. 

The test work described in the paper is being continued on a 
bench test machine that uses a single tapered roller bearing. 
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